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SUMMARY 


This  report  covers  a  b-month  design  investigation  of  transmission 
system  concepts  capable  of  operation  in  a  single-rotor  heavy-lift 
helicopter  of  75,000  to  95,000  pounds  gross  weight. 

The  study  has  covered  the  selection  of  engines,  considering  engine 
installations  utilizing  models  of  four  different  engines.  An  evalua¬ 
tion  of  each  engine  installation  and  effect  on  overall  performance  has 
been  included  herein.  Two  separate  installations,  the  first  incorpora¬ 
ting  front-drive  turbines  and  the  second  incorporating  rear-drive 
turbines,  have  been  utilized  for  the  layout  design  of  conventional  and 
alternate  transmission  s  3tem  concepts. 

Specific  areas  considered  in  the  design  have  included  the  study  of 
high-speed  bevel  gears  and  bearings  utilized  in  the  initial  reduction 
stages,  high-torque  lightweight  planetary  gearing  and  bearings,  and  the 
design  of  hypercritical  shafting  systems. 

The  results  of  this  study  indicate  that  the  total  power  transmission 
system  weight  for  a  single  rotor  HLH  is  approximately  8,850  pounds. 

This  weight,  which  includes  all  gearboxes,  shafting,  rotor  brake,  and 
lubrication  systems,  is  approximately  7  percent  less  than  the  results 
of  earlier  studies.  The  mechanical  efficiency  of  this  transmission 
system  is  greater  than  96.2  percent. 

Studies  of  alternate  drive  concepts  including  the  harmonic  drive,  the 
roller  gear  drive,  and  redundant  power  path  gearing  systems  indicate 
the  suitability  of  the  roller  drive  for  inclusion  in  the  HLH  trans¬ 
mission  system,  since  this  concept  may  afford  a  weight  saving  as  high 
as  10  percent  over  conventional  planetary  drives. 

A  comparative  reliability  analysis  of  the  HLH  and  a  current  model 
aircidft  designed  for  similar  mission  operation  (based  on  available 
service  failure  data  for  that  aircraft)  ha3  been  included  as  appendix  IV, 
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PREFACE 


This  report  covers  the  study  of  several  power  trans¬ 
mission  concepts  capable  of  satisfying  the  power 
requirements  of  a  single-rotor  heavy-lift  helicopter 
(contract  DA  A4-177-AMC-24Q(T) ) .  Sikorsky  Aircraft, 
a  Division  of  United  Aircraft  Corporation,  was  the 
contractor  for  this  study.  The  Gleason  Works,  The 
Thompson  Ramo  Wooldridge  Corporation,  and  the  Curtiss- 
Wright  Division  provided  pertinant  data  upon  which 
portions  of  the  study  were  based.  Data  on  the  growth 
versions  of  current  production  engines  were  provided 
by  Allison  Division  of  the  General  Motors  Corporation, 
the  General  Electric  Company,  and  the  Lycoming  Division 
of  the  Avco  Corporation. 

The  principals  for  this  investigation  were  L.R.  Burroughs, 
Assistant  Supervisor,  Mechanical  Design  and  Development 
Section,  J.L.  Lastine,  Senior  Design  Analytical  Engineer, 
and  L„  Webb,  Design  Engineer,  Sikorsky  Aircraft.  The 
government  representatives  at  U.S.  Army  Aviation  Materiel 
Laboratories,  Fort  Eustis,  Virginia,  were  Mr.  E.M.  Manning, 
Contracts  Administrator,  Mr.  J.  Nelson  Daniel,  Group 
Leader,  Aerorautical  Systems  and  Equipment  Group,  a..d  Mr. 
W.A.  Hudgins,  Project  Engineer. 
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INTRODUCTION 


The  parametric  study  of  Sikorsky  Engineering  Report  50273 *  completed  by 
the  contractor  in  June  1962,  depicts  a  single  rotor  crane  configuration 
capable  of  carrying  a  12-  to  20-ton  payload.  Since  this  aircraft  meets 
the  basic  mission  requirements  of  the  contract,  it  will  be  used  as  the 
airframe  for  the  transmission  study. 

To  determine  the  configuration,  weight,  and  efficiency  of  the  20-ton 
heavy-lift  helicopter  drive  train,  a  comparative  evaluation  of  several 
power  train  concepts  has  been  made  and  is  presented  herein .  The  initial 
power  train  arrangement  is  based  on  what  is  considered  by  the  contractor 
to  be  a  conventional  design  using  current  state  of  the  art  design 
procedures  and  parameters.  Against  this  conventional  or  "basic1*  design, 
other  power  transmission  concepts  such  as  the  harmonic  drive,  roller 
gear  drive,  and  redundant  power  path  arrangements  have  been  evaluated. 

All  design  evaluations  have  been  made  using  allowable  design  stresses 
to  assure  operating  intervals  for  dynamic  components  of  at  least  1,200 
hours  between  overhauls  ant  minimum  service  life  of  3*600  hours. 
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CONCLUSIONS 


As  a  result  of  this  power  transmission  design  study,  it  is  concluded 
that: 


1.  Shaft-driven  single-rotor  helicopters  can  successfully  fulfill 
all  the  contract  mission  requirements  with  growth  versions  cf 
current  production  engines  without  the  necessity  of  thrust 
augmentation  or  regenerative  combustion  cycles. 

2.  The  engine  selection  is  based  on  the  12-ton  CGE,  b, QOO-foot, 

95°F  hot-day  hover  requirement  and  the  fuel  expended  during  the 
ferry  mission.  The  engines  best  meeting  the  power  and  SFC  levels 
required  for  minimum  overall  aircraft  weight  are  the  T64/S5A  and 
the  548-C 2.  The  "basic"  transmission  study  has  been  made  using 
the  T64/S5A,  and  necessary  modifications  to  accommodate  the 
5u6-C2  are  presented  as  secondary  evaluations. 

3.  A  conventional  geared  transmission  system  can  be  designed  and 
fabricated  for  power  levels  up  to  18,000  HF  at  a  reduction  ratio  of 
97  to  1  and  with  a  mechanical  efficiency  of  greater  than  96,2  per¬ 
cent  for  a  weight  of  less  than  0.49  pound  per  horsepower.  No 
major  problems  or  high-risk  development  items  are  anticipated, 

4.  The  lightest  hail  rotor  drive  is  that  system  incorporating 
hypercritical  shafting  (operating  at  5,922  RFK)  from  the  main 
transmission  to  the  1.575:1  ratio  intermediate  gearbox  anc  super¬ 
critical  (3*760  RPK)  pylon  shafting  driving  a  tail  rotor  gearbox 
of  6.18:1  ratio.  In  comparison  to  a  conventional  subcritical 
system,  a  weight  savings  of  189  pounds  is  realized  and  tne  aft 
weight  moment  affecting  the  center  of  gravity  of  the  aircraft  is 
reduced  by  7, 800  foot-pounds, 

5.  The  roller  gear  drive  concept  is  practical  for  high  ratio - 

nigh  torque  power  transmission  systems  and  appears,  frcca  preliminary 
investigations ,  to  afford,  weight  savings  and  increased  efficiency 
over  conventional  geared  systems, 

6.  Tne  low  efficiency  and  high  weight  of  the  harmonic  drive  make 
this  concept  impractical  at  this  stage  of  its  development  when 
compared  to  the  conventional  arid  roller  gear  drive  systems. 

7.  Integration  oi  the  rotating  control  system  within  the  main 
rotor  shaft  of  the  main  gearbox  appears  entirely  feasible  and 
affords  some  weight  saving  over  an  external  system. 
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RECOMMENDATIONS 


1.  ne-evaluate  the  selection  of  engines  made  herein  based  on  the 
results  of  the  U.  S.  Army  Aviation  Materiel  Laboratories  (USAAKL)  Hlfl 
power  plant  studies,  including  the  effect  on  the  single  rotor  helicopter 
transmission  system  design.  Amend  the  analyses  presented  herein  to 
include  the  engine  installation  and  transmission  modifications  determined 
from  this  reiteration,  including  effects  of  weight,  efficiency,  and 
system  reliability, 

2.  The  design  investigation  of  the  roller  gear  drive  concept 
initiated  herein  snould  be  continued.  Conduct,  in  thi°  extended  stu  dy 
phase,  an  analytical  evaluation  of  all  design  parameters  affecting 
roller  gear  drive  operation,  including  sun,  planet,  anc  ring  gear 
stresses  as  well  as  stresses  and  deflections  of  the  carrier.  Develop 
an  analytical  solution  for  gear  rollers  and  planet  pinion  bearings, 
journals,  ana  gears  for  deflection  and  life  similar  to  the  contractor's 
planetary  bearing  program..  Evaluate  roller  gear  drive  empirically 

and  mooify  the  proposed  analytical  methods  to  design  a  unit  compatible 
uith  heavy -lift  requirements. 

3.  Corauot  a  detail  design  program  for  the  spring-type  freewheel  unit 
leaamg  to  a  prototype  component  and  associated  hardware.  Initiate 

a  aevelopment  test  program  to  evaluate  this  concept  in  both  driving 
and  long  auraticn  freewheeling  nodes  (i.e.,  ferry  mission)  against 
the  empirical  data  currently  available  for  cam  roller  units  of  the  HLH 
size  (i.e.,  CH-54A,  CH-53A). 

4.  Continue  design  study  of  integrating  rotating  controls  within  the 
transmission  system,  expanding  the  scope  of  the  evaluation  to  include 
hyaraulics  and  nonrotating  as  well  as  rotating  controls. 

5.  Conduct  c.  study  to  determine  the  design,  manufacturing,  and 
installation  practices  necessary  to  increase  the  reliability  of  high 
malfunction-rate  components  (such  as  seals,  bearings,  "0"  rings,  etc.. 
Reference  Appendix  IV) .  The  goal  of  this  follow-on  study  would  be  to 
achieve  a  rexiabilit;  sf  these  components  approac.^ng  that  of  the 
structu'-al  components  of  the  transmission  ystem  (i.e.,  gearing, 
shafting,  couplings,  housings,  etc.). 
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BASIC  DATA 


DESIGN  CHARACTERISTICS 

Gross  Weight:  75,000-95,000'  pounds 
Turbine  Powered 

Autorotation  Capabilities  at  Design  Cross  Weight  Under 
Normal  Disc  Loading 

Design  Load  Factor  a ,  Design  Gross  Weight:  2.5 
Crew:  one  Pilot,  one  Copilot,  and  one  Crew  Chief 

Component  7B0:  1,200  hours 

Minimum  Service  Life:  3,600  hours 

MISSION  REQUIREMENTS 

For  the  power  train  design  covered  herein,  it  has  been  assumed  that  the 
frequency  of  occurrence  of  the  transport  and  heavy-lift  missions  is 
approximately  equal.  The  contractor's  mission  analysis  indicates  that 
this  assumption  results  in  higher  design  horsepower  requirements  over 
considering  equal  importance  of  all  three  missions. 


Transport  Mission 


Payload:  12  tons  (outbound) 

Radius:  100  n.m. 

Vcruise:  110  knots  (12-ton  payload) 

Vcruise:  130  knots  (no  payloaa) 

Hovering  time:  3  min.  at  take  off  (with  12-ton  payload) 
2  min,  at  midpoint 
Reserve  Fuel:  1C $  of  initial  fuel 

Hover  Capability:  6,000  ft.,  95°F  (OGE)  Take  off  Gross 
Mission  Altitude:  Sea  Level,  Standard  Atmosphere 
Fuel  Allowance  for  Start,  Warm-up,  and  Take  off: 
MIL-C-5011A 


Heavy-Lift  Mission 

Payload:  20  tons  (outbound) 

Radius:  20  n.m. 

Vcruise:  95  Knots  (2u-ton  payload) 

Vcruise:  130  knots  (no  payload) 
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HcYenng  Time:  5  min,  at  take  off 

ir'  min.  at  destination  with  payload 
Reserve  Fuel:  It#  of  initial  fuel 
Hover  Capability:  Sea  Level,  Standard  Atmosphere 
Fuel  Allowance  for  Start,  Warm-up,  and  Take  off: 
MLL-C-5011A 

Ferry  Mission 

Ferry  Range:  1,500  n.  m.  (no  payload,  STOL,.  take  off) 
Reserve  Fuel:  10%  of  initial  fuel 
Fuel  Allowance  for  Start,  Warm-up,  and  Take  off: 
UL-C-5011A 

Minimum  Design  Load  Factor  of  2.0 

Mission  Altitude:  Sea  Level,  Standard  Atmosphere 

Best  Speed  for  Rang 9 


VEHICLE  DESCRIPTION 


As  indicated  in  Reference  3*  page  48,  the  selected  aircraft  has  a 
single  main  rotor,  95  feet  in  diameter,  and  a  single  tail  rotor,  22 
feet  in  diameter,  for  torque  balance  and  yaw  control.  The  C.G.  range 
selected  is  50  inches,  which  is  more  than  adequate  for  crane-type 
missions.  A  12-foot  ground  clearance  is  provided.  The  fuselage  and 
landing  gear  are  so  arranged  that  standard  truck  trai'er  containers, 
35-feet  long  and  8  feet  by  8  feet  in  cross  section,  can  be  trucKed  into 
position  from  the  rear  and  secured  at  4  points  to  the  fuselage.  Winching 
at  these  points  allows  subsequent  lowering  of  the  modules  either  after 
landing  or  during  hovering.  Other  objects  up  to  12  feet  in  width  can 
also  be  winched  and  secured  to  the  fuselage.  The  general  arrangement 
of  this  aircraft  is  shown  in  Appendix  I,  Figures  50  and  52, 
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PRKLiMNAK*  rtIKCRAFT  PERFORMANCE 


as  recommended  in  Reference  3  >  ail  aircraft  operation  will  be  flown 
at  a  i— in  rotor  tip  speed  of  700  feet  per  second,  excepting  the  6,000 
feet-95°F  nover  requirement  of  the  12-ton  transport  mission.  For  this 
design  condition,  hover  performance  has  been  based  on  a  main  rotor  tip 
speec  of  o50  feet  per  second,  in  accordance  with  Reference  3 ,  requiring 
a  reduction  in  engine  free  turbine  RPK. 

Required  Engine  Power 

To  determine  the  installed  engine  power  required  for  tnis  aircraft,  it 
was  initially  assumed  that  the  12-ton  transport  hover  requirement  was 
the  critical  design  condition. 

For  hover  at  6,000  feet-95°F  at  a  rotor  tip  speed  of  650  feet  per 
second: 

SHP  =  .0437  (GV>)3/2  +  .0275r  (30(D)  (Reference  3, 

D  Equation  16,  page  17.) 

=  .0437(7i..OOO)3/2  ±  .C27^(7^,JOO)(9q 

15 

=  11,300  horsepower  at  95°F. 

Checking  the  r  squired  power  to  hover  at  sea  ieve1  on  a  standard  day 
(59°F )  for  the  20-ton  heavy-lift  mission,  the  above  equation  becomes: 

SHP  =  .03798(303/2  +  .0335(»)(U) 

Q 

=  13,000  horsepower  at  59°F. 


Engine  Selection 

As  indicated  La  Appendix  II  to  tids  report,  four  different  manufacturers' 
engines  were  considered.  Summarized  telow  are  the  manufacturer's  model, 
number  of  engines,  and  installed  weights  of  engine  and  fuel  required  for 
the  average  (or  prorated)  power  for  the  12-ton  transport  mission. 

The  number  of  engines  required  is  based  on  the  hot-day  (95°F)  power 
requirement  of  11,300  HP. 
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Tne  prorated  engine  output  power  for  the  12-ton  mission,  applying  the 
equation  of  page  15  to  the  power  spectrum  of  Table  9  ,  is  as  follows: 

I  rcratea  Power  =  t>,800  HP 

Prorated  Power/Engine  =  6,80)  HP/nurber  of  engines 

F^r  ti.is  preliminary  engine  weight  evaluation  analysis,  it  has  been 
assumed  that  adl  installed  engines  are  c  aerating  continuously  through¬ 
out  tne  entire  mission  at  prorated  power  It  is  believed  that  shutting 
cuwn  one  or  more  engines  during  the  mission  will  result  in  a_:  proximal ely 
tne  sax..e  fuel  saving  regardless  of  the  model  engine  selected. 


No. 

Total 

Eng. 

Engine 

Fuel 

FotrJL 

Reqd. 

height 

V.  eight 

height 

Model 

(lb.) 

(lb.) 

(lb.) 

T64/S5A 

4 

3,060 

7,760 

10,820 

JFTD-12A 

3 

3,075 

10,500 

13,575 

LTC4B-11A 

5 

3,2oO 

9,300 

12,500 

540-C2 

4 

* 

* 

10,790 

•^-Reference 

Allison  Report 

EDR  4010 

Based  on  this  simplified  analysis,  it  appears  that  the  most  desirable 
engines  for  this  aircraft  on  the  basis  of  engine  and  fuel  weight  are 
the  T64/S5A  and  the  546-C2.  A  detailed  evaluation  of  engine  installations 
and  estimated  installation  losses  is  presented  in  Appendix  II. 

MISSION  ANALYSIS 

,tej resentative  power  and  flapping  spectra  have  been  derived  for  the 
single-rotor  heavy-lift  helicopter  using  estimated  gross  weights  and 
the  performance  data  from  Reference  3  as  well  as  flight  test  infor¬ 
mation  developed  from  CH-5aA  (Sikorsky  S-64A)  flying  crane  experience 
as  a  guide.  These  spectra  are  based  on  the  following  estimated  gross 
weights : 
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Transport  Mission  =  74 >000  pounds 

Heavy-lift  Mission  =*  86,000  pounds 

Ferry  Mission  =  100,000  pounds 

The  anticipated  frequency  and  breakdown  of  shaft  horsepower  to  the 
major  segments  of  the  power  train  is  presented  in  Tables  1,  2, 
and  3  • 

The  following  charts,  Tables  4  and  5,  outline  the  anticipated  main 
and  tail  rotor  blade  flapping  angles  and  frequency  of  occurrence. 


» 
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TABLE  1 

REPRESENTATI JE  FOWER  SPECTRA 
12 -TON  TRANSPORT  MISSION 
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TABLE  2 
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'•n  -  -jr  ,,  } 

A  it  Zia-L^ 

REPRESENTATIVE  SPECTRA, 

MAIN  ROTOR  FLAPPING  ANGLE  -  0 

*  Time 

P 

1-2  "Ton  Transport 
Mission 

Degrees 

2-G'Ton  Heavy- 
Lift  Mission 

.01 

10.56 

12.00 

.54 

10.12 

11.50 

.40 

8.86 

10.07 

.80 

6.79 

7.72 

3.88 

5.30 

6.C2 

2.95 

4.58 

5.21 

2.80 

4.31 

4.90 

20.43 

3.90 

4.43 

13.85 

3.34 

3.80 

2.14 

3.17 

3.60 

6.06 

2.80 

3.18 

23.46 

2.56 

2.91 

14.51 

2.38 

2.70 

1.17 

2.19 

2.49 

3.00 

2.06 

2.34 

2.00 

1.52 

1.73 

2.00 

.79 

.90 

Note.  The  anticipated  main  rotor  flapping 
mission  is  less  severe  than  either 
20-ton  heavy -lift  mission  spectra. 

for 

the 

the  1^500-n.m.  ferry 

12 -ton  transport  or  the 
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TABIE  5 

REPRESENTATIVE  SPECTRA, 
TAIL  R^TOR  FLAPPING  AflGLE  -  8 
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DESIGN  LO/vJS 


To  detemine  the  required  design  loads  for  each  dynamic  component  (i.e. 
gears  and  shafting),  the  cumulative  damage  theory'  can  be  applied  to 
the  power  spectra  and  representative  S-N  curves  using  3,b00  hours  as 
the  minimum  design  life  for  these  components. 

Gearing  ana  Shafting 

The  spiral  bevel  gear  S-N  curve  (Reference  6,  page  30 )  modified  f°r  a 
reliability  of  0.999  has  been  used  for  determination  of  the  following 
design  powers: 

Design  Power 


Component  (HP) 

Engine  Reduction  Box  1,500 

Iain  Gearbox 

Input  Bevel  Pinions  1,500 

Driven  Bevel  Gear  1,500* 

Planetary  Stages  11,200 

Tail  Rotor  Take  off  2,300 

Accessory  Drive  300 

Intermediate  Gearbox  2,300 

Tail  Rotor  Gearbox  2,300 


♦Note:  Four  pinions  drive  the  driven  bevel  gear;  therefore,  each 
mesh  was  designed  for  1,500  horsepower. 
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For  rearing  selection,  a  prorated  power  is  determined  for  each 
segment  of  the  irive  train  for  the  power  spectra  considering  equal 
occurrence  of  th<_  12-ton  transport  and  20-tor.  heavy -lift  missions. 
Prorated  vor  time -weigh  ted)  power  car.  be  determined  using  the  following 
equation: 

) 


Prorated  Torque  T  «  RPM^ 


q  q 

-  «*  J 
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The  design  prorated  loads  are  as  follows: 
Component 

nngine  Reduction  Gearbox 
Main  Gearbox 

Input  Bevel  Pinion 
Driven  Bevel  Gear  Shaft 
Planetary  Stages 
Accessory  Drives 
Tail  Rotor  Take  ofi 
Intermediate  Gearbox 
Tail  Rotor  Gearbox 


Prorated  Power 
(Horsepower) 

2,055 

2,055 

8,070 

7,030 

150 

875 

875 

875 
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DESIGN  REQUIREMENTS 


Design  Livss 

The  single-rotor  heavy-lift  helicopter  transmission  system  components 
evaluated  herein  have  been  designed  to  achieve  a  minimum  service 
interval  of  3,600  hours  at  a  reliability  (R)  of  0.999  or  greater.  All 
bearings  have  been  designed  to  achieve  a  B-1Q  life  of  approximately 
3,600  hours.  Based  on  service  experience  obtained  on  large  single¬ 
rotor  helicopters  of  gross  weights  between  18,000  and  42,000  pounds, 
these  design  goals  should  assure  a  component  time  between  overhaul  (TBC) 
of  1,200  hours  or  more. 

Critical  components  such  as  the  main  and  tail  rotor  shafts  and  control 
systems  have  beer  designed  for  service  intervals  of  at  least  3,600 
hours  at  an  anticipated  structural  reliability  (R)  of  0.9999. 


Materials 


The  selection  of  materials  for  the  transmission  and  control  system 
components  evaluated  in  this  study  is  based  on  Sikorsky  Aircraft's 
extensive  test  and  production  aircraft  experience.  All  materials 
considered  for  the  HLH  are  currently  used  in  similar  applications 
on  production  aircraft. 

The  use  of  special  alloys  such  as  AMS  6265  vacuum  processed  alloy  steel 
has  been  limited  to  critical  bearing  applications  or  components  where 
its  higher  fatigue  strength  justifies  its  use. 
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It  should  be  noted  here,  that  while  the  fatigue  strength  of  smooth 
vacuum  processed  hardened  alloy  steels  has  been  reported  to  be  higher 
than  air  processed  steels,  this  difference  in  fatigue  strength 
diminishes  considerably  when  notches  or  stress  concentrations  are 
present.*  Where  stress  concentration  factors  of  2.4  or  greater  are 
present,  no  significant  differences  in  the  fatigue  strength  of  air  and 
vacuum  processed  steels  are  apparent.  Fatigue  testing  conducted  at 
WADC**  indicates  that  two  heats  of  4340  steel  heat  treated  to  F  ~ 

190,000  psi  revealed  no  significant  difference  between  vacuum  and  air 
melt  materials  when  using  notched  specimens  with  a  concentration  factor 
of  2.6. 

Since  the  root  radius  concentration  factor  on  the  average  gear  is  in  the 
order  of  2,0  to  2.4*  vacuum  processed  steel  is  not  warranted. 

Or.  highly  polished  (or  ground)  parts  such  as  bearings  there  is 
considerable  evidence  to  indicate  that  the  vacuum  melt  stee] s  are 
justified.  The  service  life  of  521.00  bearings,  for  example,  has  been 
reportedly  increased  by  a  factor  of  3  to  1C  times  by  the  use  of 
vacuum  processed  steels.  Therefore,  vacuum  processed  steels  will  be 
used  for  r.ig^ly  loaded  bearings  where  the  calculated  B-10  life  is  5,000 
hours  or  less. 

Tne  use  of  titanium  alloys  has  been  limited  to  such  parts  as  planetary 
carrier  plates  and.  the  tail  rotor  shaft.  Titanium  has  been  used  in 
similar  applications  on  several  Sikorsky  production  aircraft.  An 
investigation  of  the  resulting  weight  saving  by  the  use  of  this 
material  for  the  main  rotor  shaft  is  also  included  in  this  report. 
Allowable  Design  Stresses 

Gearing 

Material:  AMS  6260  (SAE  9310)  steel 
Spiral  Bevel  Gears 

Bending  Stress,*  =  25,800  psi  (R  -  0.999) 
Compressive  Stress,  Fc  =  200,000  psi 

♦Note:  The  industry  accepted  design  stress  for 
R  =  0,95  is  30,000  psi. 


*  P.E.  Ruff  and  R.W.  Steur, "Vacuum  Melting  Improves  Properties  cf  H-ll 
Steel;'  Metal  Progress.  Volume  80,  December  1961,  pp.  79-84. 

**  F.  B.  Stulen,  WADC  TR59-507,  August  1959 
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Spur  Gearing 

Bending  Stress,  /•  = 

Compressive  Stress,  F 

F lanetary  Spur  Searing 

Bending  Stress,  = 
Compressive  Stress,  F 


(35,750  -  .704  PLV)  psi 
=  140,000  psi 


(31,500  -  0.625  PLV)  psi 
=  140,000  psi 


Shafting 


Material:  AMS  6260  (SAL  9310)  steel 
P-c  30-45  Core  Hardness 

Bending  Stress,  Ft  =  19,500  psi  (R=  0.9999) 
Torsional  Stress,  Fg  =  30,000  psi 

Material:  AMS  5000  (SAL  4340)  steel 
Ftu  •-=  200,000  psi 

Bending  Stress,  F^  =  21,800  psi  (R  =  0.9999) 
Torsional  Stress,  F^  =  35, COO  psi 


Housings* 


Material:  AZ91C  Magnesium  Castings 
ZK60A  Magnesium  Forgings 


*hote:  For  design  allowables  see  MIL-HDBK-5,  August  1962 


18 
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Material:  7075-T6  Aluminum 


Bending  Stress,  =  13,100  psi  'H  =  .9999) 


Planetary  Carrier  Plates 

Material:  AMS  5000  (SAE  4340)  steel 
-  150,000  psi 


Steady  Bending  Stress,  F^  =  45,000  psi 

Plate  Deflection  =  0.0010  inch  per  inch 


Material:  6A1-4V  Titanium 

T-i 

rtu  =  130,000  psi 

Fb  =  42,000  psi 

Plate  Deflection  =  0.0010  inch  per  inch 
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GENERAL  TRANSMISSION  SYSTEM  DESIGN 


BASIC  TRANSMISSION  SYSTEM 


The  b^sic  and  alternate  trans cuss ion  systems  have  been  designed  and 
evaluated  assuming  supercritical  input  shafting  and  hypercritical  tail 
rotor  drive  shafting.  A  separate  evaluation  of  hypercritical  and 
sutcritical  shaft  operation  including  stress  and  weight  analyses  is 
made  in  a  separate  section  of  this  report. 

Both  ircnt*  (Figure  50,  page  227)  and  rear**  (Figure  52,  page  231) 
drive  turbine  installations  giving  similar  performance  for  this 
aircraft  have  been  selected  for  the  basic  transmission  s4 udy  to 
determine  what  weight  advantage,  if  any,  is  afforded  by  this  mounting 
variable.  In  the  more  detailed  study  of  Appendix  II,  several  other 
engine  arrangements  are  evaluated  for  estimated  performance  in 
comparison  tc  the  preferred  engines. 

A  schematic  of  tne  basic  transmission  systan  incorporating  front 
drive  engines  is  presented  in  Figure  1,  page  21.  The  gear  ratios, 
maximum  design  torques  (for  take  off  power),  and  the  shaft  speeds 
are  given. 

A  similar  schematic  for  the  basic  rear-drive  engine  system  is  shown  in 
Figure  2,  page  22. 


♦T64/S5A 

**548-C2 
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^-gure  1.  Transmission  System  Schematic,  Front-Drive  Engines. 
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Figure  2.  Transmission  System  Scnematic,  liear-Drive  Engines 
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Discussion 


Fur  the  front-drive  engine  installation  of  Figure  1,  the  rain  gearbox 
nas  been  aesignea  with  the  two  aft  engine  speed  reductions  integrated 
into  the  ...a  in  case  as  right  angle  spiral  bevel  gears  of  2.36:1  ratio. 
(The  forward  engines  utilize  individual  engine  reduction  boxes  of 
similar  ratio.) 


The  power  from  all  four  engines  has  been  combined  through  separate 
spiral  bevel  iteshes  at  a  common  ariven  gear.  The  ratio  of  this  set  is 
37/134.  Two  planetary  stages,  incorporating  6  and  8  planets, 
respectively,  arive  the  95-foot-diaraeter  rain  rotor  at  141  RPK  (700 
feet  jjer  second). 

The  tail  rotor  system  arive  pinion  meshes  with  the  main  driven  bevel 
gear  forming  a  3.96:1  speed  increase.  A  spur  gear  mesh  in  turn  increases 
the  speed  to  arive  the  tail  rotor  drive  shaft  hypocritically  at  5,922 
RPK. 


rtt  the  low  operating  stresses  indicated  in  Appendix  III,  a  relatively 
aigh  degree  of  bevel  gear  reliability  (R,^.999)  should  bw  obtained 
with  ti.e  following  bevel  gear  proportions. 


input  Set  -  No.  1  and  Nc 

Number  of  Teeth 
Diametral  Pitch 
rice  Width 
Pitch  Diameter 
Face  Contact  Ratio 
Pressure  angle 
Mean  Spiral  Angle 
Shaft  Angie 
Pitch  kigle 


4  Engines 
Pinion 
34 

5.529 

2.650 

6.149 

2.112 
(j>  =  20° 
20° 
I  =  90° 

t  =23 °2‘ 


Gear 

8C 


if. 469 


P  =66°58‘ 
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Pinion 

Sear 

Hand  of  Spiral 

RH 

LH 

Direction  of  Rotation 

CCW 

CW 

Second  Stage  Bevel  Reduction 

Number  of  Teeth 

Diametral  Pitch 

Face  Width 

Pitch  Diameter 

Face  Contact  Ratio 

Pressure  Angle 

Kean  Spiral  Angle 

Shaft  Angle 

Pitch  «ngle 

Hand  of  Spiral 

Direction  of  Rotation 


3? 


134 


9.042 


4.092 

3.25 

1.699 
<p~  20° 
f*  =  20° 
r  =.  74°  22' 


If  =  13°54 ' 
RH 

ccw 


32.747 


r=  60°28 1 

LH 

CW 


To  transfer  power  to  the  tail  rotor,  a  bevel  pinion  meshes  with  the 
above  134  tooth  gear,  in  turn  driving  the  tail  take  off  spur  gear. 
Tail  taxe  off  pinion  proportions  are  as  follows: 


Number  of  Teeth  53 

Diametral  Pitch  4.092 

Face  Width  1.750 

Pitch  Diameter  12.952 

Face  Contact  Ratio  1.038 

Pressure  iu;gie  ft  =  20° 
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Kean  Spiral  tJigle 
S’.j  ft  /vngle 
Pitch  riigle 
Hanu  of  Spiral 
direction  of  Potation 
Tail  T axe  off  S  ur  Tears 


lf  «  23°26' 

Z  =  8C°36 » 
Y  =  2Q°8» 

RH 


CCW 


T;  e  re  uiroc  ta^l  taKe  oif  spur  gear  face  width  has  been  detemined 
usir.j  tae  stress  level:  indicated  on  page  18, 


,/esign  Sat  a 


Tin  =  (63,025)(2,300)A,035 

,  dn  =  d5,90G  in. -lb. 


■'•pinion 


N  - 


:ear 


^  d 


"t 


=  62 


=  91 
=  6 


=  2T  =  2.x  3^,00 
S  (62/6) 

-  6,950  lb. 


allowable  stresses 


FLV 

1SV 

PLV 


.262  (D)(RPK) 

(.262) (62/6)4,035 

10,900  fpci 

35,750  -  ,704  x  10,900 
28,070  psi 
140,000  psi 


25 


Face  Width  Cal culat ions 


N  =62 
Opin  “  10.333 
X  -  .195 
K  =  1.03 

F.W'.b  -  1.5  x  6.950  x  1,03 
23,070  x  .195 

F.W.b  =  1.96 

F.W.h  =  21  x  106  x  6,950  (1/10.3333  fVl5.166?) 

(.70?) (140,000)^ 

F.W.h  =  1,715 


Therefore,  required  spur  gear  face  width  to  provide  sufficient  overlap 
and  insure  operation  within  allowable  stress  levels  is  1.970  inch. 

Stress  Analysis 

The  dynamic  components  of  the  main  gearbox  have  been  analyzed  for 
vibratory  bending  and/or  steady  torsion  where  applicable.  This 
analysis  is  presented  on  the  following  pages. 
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Figure  4  .  High-Speed-Driven  Bevel. 
Critical  Section  A-A 


O.D. 

"  4.50 

Z  = 

2.286 

I.D. 

-  4.18 

Kt  = 

1.70 

M 

=  3.75 

\f(5,16Q)Z  + 

(3,610)2  : 

=  23,620 

A> 

=  KtM  « 

z 

1.70  (23.6PO] 
2.286 

o 

t'- 

u~\ 

c- 
1 — 1 

II 

psi 

Fen  "  19,500  psi 

M,s'  =  7®  -1  -  12U22  -l 


in. -lb 


Figure  5.  Quill  Shaft  (Input  Bevel  to  Freewheel  Shaft), 
Critical  Section  A-A 

c75T  =  3.60  Z  =  1.421 

ITdT  =  3.52 

T  -  63,000  (I, 500)  =  49,050  in. -lb. 

5,760 

fb  -  X  =  49,050/2  (1.421)  «  17,250  pa. 

221 

h.S.  =  115,000  _ -1 

1.15  (2)(lV,250l 

K.S.  =  -5-1.90 
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Figure  6,  Freewheel  Housing. 

Critical  sections  through  housing  are  at  roller  contact  points. 
%  »  Full  Load  hip  angle  =  5° 

Ph  =  Roller  Raaial  load  —  24,670  lb. 


Pt 


=  Roller  Tangential  Load  -  Ph  tan  (JJ^)  =  1,080  lb. 


Pa 

0 


Lnd  Load  at  any  cross  section  of  roller  housing,  lb, 
7T  =  IT  =  .1244  rad.  =  12°51' 


No.  Rollers  14 

s  - 

2.00 

^h  ~ 

6.30 

bh  - 

8.36 

Kmax  = 

-?h 

Ah 

+(bh  -  Ahf 

(1  -  cot  t 

;)  -  pt  (bh  - 

2 

_ 

2 

0 

2  2 

St 

-2i+ ,  6?0 

6.50  +  (8.36  -  6,50)1 

1  -  cot 

2 


oO  i 


1-44 


1,080  (8,36  -  6.30) 
2  2 
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»W  =  "7>150 


Pa  = 

Ph  cot  &  + 

2  2 

=  24.670  cot  12°51'  -r 

1,080 

2 

= 

34,610  lb. 

Aring  ~ 

(bh  “  Ah)/  = 

(8.36  -  6.50}  (2.00) 

= 

3.72  in. 2 

^a  = 

«  J&j 
*  ring  3 . 

,610  =  14,680  psi 
,72 

fb  88 

6M 

=  6(7.150)  =  6.200 

psi 

J  (bh  ~  Ah)2 

2(8.36-6. 50)2 

II 

0 

+J 

ru 

136,000';  Fbu 

=  201,000 

!■.  .S . 

■  1 

-1  »  1 

1.5  (ft  +  fb  )  1.5  (14 .680  + 

~6.200’) 

ftu 

fbu  136,000 

201,000 

=  +3.80 
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Figure  7.  Input  Bevel  Pinion. 


Critical  Section  A-A 

O.D.  *=  3.18  Z  =  2.166 

T37  "2.38  Kt  =  1.77 

M  “  1,8  V^(6,120)2  +  (1,480)2 

M  «  11,320  in. -lb. 

*b  "  -  I,.??  (11,320)  =  9,270  psi 

Z  27166 

32 
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Fen  “  19,800  psi 

H.S.  =  fen  -1  -  19,800.  -1 

fb  9,270 

M.S.  =  +  1.1 3 

Outer  Shaft 


To  indicate  the  design  adequacy  of  the  outer  shaft,  section  A-A  of 
Figure  8  has  been  analyzed.  In  the  critical  loading  condition,  shown 
on  page  35,  three  engines  transmit  torque  to  the  main  rotor  shaft  while 
2,300  horsepower  are  supplied  to  the  tail  take  off  bevel  gear  shaft. 


Critical  Section  A -A 


O.D. 

= 

23.84 

Z  =  80.66 

TTd. 

23.47 

Kt  =  2.35 

M 

= 

2.75 

\f(20,210)2  +  (16,800)2 

M 

= 

72,270 

in, -lb. 

fb 

= 

h.M  = 

2.35  (72,270) 

~ 

80.68 

fb 

= 

2,100  psi 

^en 

= 

15,000 

psi 

M.S. 

-1 

"b 

=  15.000  -1  =  +  6.14 

2.100 

35 

3,390 


1,460 


Figure  9.  tail  Take  off  te  wl  Gear  Shaft 


Critical 

Section  A -A 

W  *  w  t 

Z  .  2.44; 

i-  *  v-/  4  - 

4 . 00  i  __  o  /-.i 

r‘t  ~  ‘-•Cl 

mhor 

-3, 640) (3 .95  )  +  (4. 780 )( .7)  =  -1] 

mvert 

> -1 ,480) (3 . 95 )  +■  (i,980)(.7)  =  -4, 

M 

^  (11,030)2+  (4,4'0)2 

M 

11,900  in. -lb. 

■lb. 


in. -Id, 
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O.D.  =  3.48 


I.D. 


3.03 


2.01  (11,900) 


2.442 


/l, 780 


Tail  Take  off  Spur  Gear  Shaft. 


Z  =  1.599 
Kt  =  1.56 
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3.12  \^Tl,990)2  +  (825)2 

6,750  in. -lb. 

hi  =  (6, 750) (1.56) 

z  17599 


6,590  psi 


19,500  psi 


Fen  -1  =  19,500  -1 

fb  X590 

+  1.96 
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Bearing  Analysis.  Computer  Solution 


The  lives  of  the  high-speed -input  triplex  and  quadruple  ball  bearing 
sets,  accompanying  roller  bearings,  and  the  'first-  and  second-stage 
planetary  pinion  bearings  were  obtained  using  an  independently 
developed  general  bearing  life  solution.  In  this  solution,  elastic 
yielding  of  the  shaft  and  supporting  structure  is  considered,  as  well 
as  centrifugal  and  gyroscopic  moment  loading  of  the  rolling  elements 
under  high-speed  operating  conditions,  A  7090  computer  has  been  used 
to  achieve  a  numerical  solution  by  iterative  techniques. 

Ball  Bearings 

The  B-10  lives  of  the  triplex  and  quadruple  high-speed  bearing  sets  can 
be  determined  using  the  following  equations. 


Capacity 

The  capacity  of  a  ball  bearing  race  contact  for  one  million  (10^) 
revolutions  and  90  p' .cent  probability  of  survival  is  given  by  the 
relationship  t 

Qcq  =  * 


1-k  ^30 

T— Tu 

(1  *  ^cos^q)1,39  (  Y0.3de  n-l/3) 

wrq 

<1  +  rcos^°)*33  J 

Note:  For  inner  race  contact  vise  upper  signs. 
For  outer  race  contact  use  lower  signs. 


B-10  Life 


The  lives  of  the  inner  and  outer  raceways  for  a  given  bearing  in  a 
triplex  or  quadruple  bearing  set  with  inner  race  rotation,  expressed 
in  hours  for  a  90  percent  probability  of  survival,  are  given  by  the 
following  equations. 


Inner  Raceway 


_ &L 

6o(rpm)  - 

n 


L 

q=i 


*Note:  Nomenclature  for  bearing  analysis  is  presented  on  page  2*3# 
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Outer  Raceway 


106 


60(RFM)fi 


non 


p  fcfti 


The  life  of  one  complete  bearing  of  the  set  is  expressed  as 
follows : 


Hie  life  of  the  entire  set  of  (n)  bearings  is  given  by: 


Roller  Bearings 

The  B-10  life  of  high-speed  roller  bearings  and  planetary  pinion 
bearirgs  can  be  determined  by  the  following  equations. 


Capacity 


The  capacity  of  a  cylindrical  roller  or  planetary  pinion  bearing  race 
contact  for  one  million  revolutions  and  90  percent  probability  of  sur 
vival  is  given  by  the  following  equation. 


O' 

^  cq 


■  A* 


[i ir] 


39/27 

1/4 


f  V9  d  29/27  fe  7/9  n  'lA 


* 


*  See  note  on  page  39. 


The  lives  of  the  inner  and  outer  raceways  for  high-speed  roller  bearings 
and  planetary  pinion  bearings  expressed  in  hours  for  90  percent 
probability  of  survival  is  calculated  as  follows: 
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Raceway  I 


Note:  In  the  case  of  the  high-speed  cylindrical  roller  bearings 
accompanying  the  triplex  and  quadruple  sets,  raceway  I 
becomes  the  outer  race  and  Pjq  becomes  P0q,  while  raceway 
II  becomes  the  inner  raceway  and  Pjjq  becomes  Pj^q. 

In  the  case  of  planetary  pinion  bearings,  raceway  I  becomes 
the  inner  raceway  and  Pjq  becomes  Pj.q,  whi^e  raceway  II 
becomes  the  outer  raceway  and  Pjjq  becomes  P0q. 


The  life  equation  of  a  complete  high-speed  cylindrical  roller  bearing 
or  planetary  pinion  bearing,  expressed  in  hours  for  90  percent  probabil¬ 
ity  of  survival,  takes  the  following  form: 

rl  .  n  J\  9/8  +  / 

[JrLo)  Uli  j 

In  the  case  of  planetary  pinion  bearing,  the  deflection  of  the  pinion 
gear  and  bearing  inner  race  due  to  gear  separating  loads  is  accounted 
for  in  the  bearing  life  analysis. 

The  above  bearing  life  analysis  is  similar  to  that  presented  in  ASME 
paper  number  59-lub-lO,  "A  General  Theory  for  Elastically  Constraixad 
Ball  and  Radial  Roller  Bearings  Under  Arbitrary  Load  and  Speed  Con¬ 
ditions",  by  A.  B.  Jones,  October  20,  1959- 


U 


The  computer  lives  of  the  bearing  applications  described  below  are 
based  on  the  bearing  lift  analysis  presented  herein. 


3,  page  27 

17 ,  page  73 

Engine  Reduction 
Gearbox 


First -stage  planetary  pinion  bearings: 


Diameter  over  rollers 

“ 

12.20 

Bore 

- 

9-1 

Length 

m 

3-25 

L 

- 

10,656  hours 

Second-stage  planetary  pinion  bearings: 

Diameter  over  rollers 

m 

10.4 

Bore 

s 

7.36 

Length 

- 

6.0 

L 

8 

4,474  hours 

#1  and  #4  high-speed  inputs,  Reference  Figure 
219-size  triplex  set,  L  ■  3,714  hours 
312-size  roller  bearing,  L  ■  6,2 03  hours 
#2  and  #3  high-speed  inputs,  Reference  Figure 
216-size  quadruple  set,  L  «  4,0?2  hours  ~j- 
2l6-size  roller  bearing,  L  14,848  hours  J 
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Nomenclature 


A 

A! 

£ 

£l 

Rl 

RPM 

Poq^Piq  “ 
Qcq/Q'cq  * 

d 

f 

n  m 

p 

y 

Id 

Lo 

Subscript  i 
position. 


A  fatigue  constant  for  ball  bearings 
A  fatigue  constant  for  roller  bearings 
Pitch  diameter  of  bearing,  inch 
Fatigue  life  for  ball  bearings,  hours 
Fatigue  life  for  roller  bearings,  hours 
Speed  of  rotating  race 

Dynamic  rolling  element  Joads  at  outer  and  inner  race 
contacts,  pounds 

Capacity  of  a  baJl  and  roller  race  contact  for  90  per¬ 
cent  probability  of  survival  to  10^  revolutions  of 
inner  race,  pounds 

Effective  length  of  roller,  inch 

Ball  diameter,  inch 

Ratio  of  transverse  radius  of  ball  race  to  ball  diameter 
Number  of  balls  in  the  system 

Initial  contact  angle  of  ball  bearing  after  mounting  - 
degrees 

Ratio  of  d/e 

Inner  raceway  fatigue  life,  hours 
Outer  raceway  fatigue  life,  hours 

refers  to  conditions  at  the  qth  rolling  element 
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TABLE  6 

BEARING  LIFE  SUMMARY, 
MAIN  GEARBOX 


Bearing 

iYne 

Location 

Page 

No. 

Fig. 

No. 

Locat . 
Letter 

Life 

(Hr.) 

Triplex  Set 

High - Speed - Input 

27 

3 

Bevel 

A 

3,714 

Roller 

High - Speed - Input 

27 

3 

Bevel 

B 

6,209 

Roller 

Driven  Bevel  -  1st 

Stage 

28 

4 

C 

8,070 

Duplex  Set 

Driven  Bevel  -  1st 

Stage 

28 

4 

D 

5,420 

Tapered  Roller 

Input  -  Main  Bevel 

32 

7 

E 

0*0 

Tapered  Roller 

Input  -  Main  Bevel 

32 

7 

F 

4,610 

Roller 

Input  -  Main  Bevel 

32 

7 

G 

5,990 

Tapered  Roller 

Outer  Shaft 

34 

8 

H 

3,860 

Tapered  Roller 

Outer  Shaft 

34 

8 

J 

oo 

Roller 

Outer  Shaft 

34 

8 

K 

8,340 

Roller 

1st -Stage  Planetary 

L 

10,656 

Roller 

2nd -stage  Planetary 

- 

- 

M 

4,474 

Roller 

Main  Rotor  Shaft 

58 

13 

N 

4,950 

Triplex  Set 

Main  Rotor  Shaft 

58 

13 

P 

3,410 

Roller 

Tail  Take  off  Bevel 

36 

9 

Q 

15,200 

Tapered  Roller 

Tail  Take  off  Bevel 

36 

9 

R 

*a*0 

Tapered  Roller 

Tail  Take  off  Bevel 

36 

9 

S 

10,950 

Roller 

Tail  Take  off 

37 

10 

T 

19,610 

Ball 

Tail  Take  off 

37 

10 

U 

5,990 

Note:  All  bearings  in  the  primary  drive  train  (engine  through 

main  rotor)  with  B-10  lives  of  less  than  5,000  hours  will 
be  made  from  vacuum  processed  52100  steel. 


Planetary  Gear  Reductions 

The  planetary  reduction  stages  have  been  designed  with  separate  upper 
and  lower  cage  (carrier)  plates  connected  by  means  of  clamped  spacers 
and  the  preload  Journal  of  the  planet  pinion  bearings.  Both  the 
primary  and  secondary  planetary  reduction  stages  are  shown  in 
Figure  54  of  Appendix  7. 

W-'  h  this  design,  the  components  are  designed  to  stress  levels  con¬ 
sistent  with  good  reliability.  Deflections  of  the  carrier  plates  are 
accommodated  by  cutting  corrective  helix  angles  in  the  sun  and  ring 
gears,  crowning  and  providing  tip  relief  in  the  mating  gear  teeth. 

This  design  practice  has  produced  reliable,  efficient,  and  lightweight 
designs  of  simple  planetary  stages  in  use  in  current  production 
helicopter  transmissions . 

Determination  of  the  required  face  widths  and  planetary  cage  plate 
thicknesses  follows. 


Planetary  Stages  -  Gear  Face  Width  Calculations 

Determination  of  the  required  face  widths  will  be  based  on  allowable 
bending  (Lewis)  and  compressive  (Hertz)  stresses,  as  given  on  page 
of  this  report.  Bending  ana  compressive  stresses  have  been  calculated 
using  the  following  equations: 


fb  -  1-5  Wt  K 

(F.W.)  7" 

fc2  ■  21  x  10^  W-fc  (l/D  pinion  +  l/D  gear) 

Sin  2$  ( F.W. ) 


Mote:  +  for  external  mesh,  -  for  internal  mesh 


First-Stage  Planetary  Data 


No.  Teeth  (-N) 

Pitch  Diameter 

Sun 

101 

16.8333 

Planet 

85 

14.1667 

Ring 

271 

45.1667 

(-D) 


Number  of  Planet  Pinions  (Npp)  ■  6 
Pressure  Angle  (0)  ■  22°30’ 

Sun  Gear  Speed  »  1, 596  RPM 

Gear  Tooth  Design  Power  ■  14,200  HP 
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Allowable  Stresses 


PLV  »  .524  x  RFM  sun  x  (De  +  Dp)  x  Ss  x  Hr 

2  x  (Ng  +  x  (Ka  +  Nr) 

“  >524  x  1,596  x  (16.8333  +  14.1667)  x  101 

2  x  (101  +05)  x (101  +  271) 

PLV  .  5,130  fpm 

^b  *  31>500  -  0.625  x  PLV  (Reference  page 
-  31,500  -  0.625  x  5,130 
Fb  -  28,290  psi 

Fc  ■  140,000  psi  (Reference  page 

Loading 

Torque  ■  63,025  x  14,200 
1,59S 

Torque  ■  560,750  in. -lb. 

wt  -  2  x  Torque  -  2  x  560,750 
d8  1575333 

Wt  -  66,600  lb. 

Wt/Mesh  -  Wt/6  -  11,100  lb. 


Fac*  Width  -  Sun  Gear 


X  ■  (function  of  pitch  4  number  of  teeth)  « 

K  ■  (function  of  root  radius)  »  1.05 

F.W.b  -  1.5  Wt  K 

Fb  (allowable)* 


x  271 

18  ) 


18  ) 


2125 
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■  1-5  x  11,100  x  1.05 
28,290  x  .2125 


F.W.^  ■  2.9I  in 

v 


•W-c  -  21  x  ip6  %  (1/D^  +  i/D  ) 

SiD  2  *  F=Wa*le) 

*  21  x  10 ^  x  11.100  .  ,  , 

0  - 707  x  (140,000)2  ( 1  A1* • 1667  +  1/16 . 8333 ) 


•c  »  2.19  in. 


F.W.( 

Face  Width  -  Planet  Pinion 


X  *  .207 
K  =  1.017 

F-w-b  “  1-5  x  11,100  x  I.017 
28,290  x  0.207 

F.W.b  =  2.89  in. 


Face  Width  -  Rlry  Gear 
X  =  0.284 

K  =  1.12 


F.W.b 

“  1-5  * 

:  11,100  x  1.12 

28, 

290  x  0.2^4  " 

F.W.b 

»  2.32 

in. 

F.W.C 

■  21  x 

0.707 

^TAo^x^  U/A.1667-I/U5.I667) 

F.W.C 

*  .82  in. 
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Second- Stage  Planetary  Data 


Teeth  -  N  Pitch  Diameter  - 


Sun 

Planet 

Ring 


135 

73 

281 


22.500 

12.1667 

46.8333 


Number  of  Planet  Pinions  (lfpp)  ■  8 
Pressure  Angle  0  ■  22°30' 

Sun  RPM  -  433.3 

Gear  Design  Horsepower  ■  14,200 


Allowable  Stresses 


PLV 


PLV 


0.524  x  433-3  x  (22.50  +  12.1667)  x  135 
2  x  (1J5  +  73 )  x  (135  283.) 

1,725  fpsn 

31,500  -  0.625  x  1,725 
30,420  psi 
140,000  psi 


Loading 


Torque 

-  63,025  x  14, 

,200 

433-3 

Torque 

-  2.065  x  106 

in .  -lb . 

Wt/Mesh 

-  2  x  Torque 

-  2  x 

Dh  x  8 

22 

Wt/Mesh 

-  22,950  lb. 

x  281 
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Face  Width  -  Sun  Gear 


X 

»  . 2143 

K 

«  1.05 

F.W.b 

-  1J.  x  22,950  x  1.05 

30,420  x  0.2143 

F.W.b 

=  5-55  in. 

F.W.  c 

»  21  x  106  x  22,950 

0.707  x  1402  x  106 

(1/12.1667  +  1/22.500) 

F.W.C 

«  4.40  in. 

Face  Width 

-  Planet  Pinion 

X 

a  .  202 

K 

»  1 

F.  W.b 

a  1.5  X  22,950  x  1 
30,420  x  0.202 

F.W.b 

»  5- 60  in. 

Face  Width 

-  Ring  Gear 

X 

=  .284 

K 

=  1.13 

F-W.b 

a  1.5  X  22,950  X  1.13 

30,420  x  0.284 

F-W.b 

=  4.50  in. 

F.W.C 

a  21  x  iO6  x  22,950 
O.707  x  1402  x  106 

(1/12.1667  -  1/46.8333) 

F.W.C 

a  2.12  in. 
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The  calculated  planetary  gear  face  widths  are  summarized  in  Ikble  7 
on  page  50  .  Also  presented  are  the  actual  gear  face  widths  chosen 
for  sufficient  overlsp  to  assure  that  operating  stresses  are  consistent 
with  calculated  values. 


Planetary  Cage  (Carrier)  Plate 

In  the  symmetrical,  double-plate  planetary  configuration,  plate  thick¬ 
ness  is  determined  by  either  of  two  design  limitations  -  maximum 
allowable  bending  stress  or  maximum  allowable  plate  deflection. 
Operational  experience  has  indicated  that  these  two  design  criteria 
are  sufficient  to  determine  the  required  plate  thicknesses.  Plate 
thicknesses  for  the  twc  reduction  stages  will  be  determined  by  the 
use  of  the  following  equations. 

fb  -  12T  (0  5L  -  .4d)  (g  +  t) 

Npp  Ds  L  (OTDT  -  T7DT  -  1.2  dj  t2 

>  -  16  T  (0.5L  -  -4d)3  U  +  t) 

ds *  Npp  (cnr  -  nr)  e*l2 v 

Plate  thickness  calculations  for  each  stage  are  as  follows. 


First  Stage 

T 

B 

560,750  in. -lb. 

^^sun 

m 

1,596 

Npp 

m 

6 

g 

m 

3.30  in. 

Ns 

B 

101 

Up 

m 

85 

Nr 

m 

271 

Ds 

m 

16.8333  in. 

Pp 

m 

14.1667  in. 

51 


d 


11.35  in. 


or 

plates 

T7D7 

plates 

E 

L 

L 

fb 

'a 


44.6  in. 


17.3  in. 

30  x  106 

(Ds  +  Dp)  sin  (VT/ Kpp) 

(16.8333  +  14.166?)  sin  (180/6) 


15.50  in. 


(6) (16. 8333) (15. 5) (44. 6  -  17.3  -  1.2  x  11.35)  t2 


(16.8333)(6)(44.6  -  l7-3)(30  x  106K15.5)2  t3 


(14.94  X  10“^)  g  4-  t 

t3 


Substitution  (in  the  above  equations)  of  the  allowable  plate  stress 
and  maximum  plate  deflection  limits  as  given  on  page  19  results  in 
a  first -stage  carrier  plate  thickness  of  t  ■  C.400  inch. 

The  relation  of  the  first -stage  carrier  plate  stress  and  deflection 
for  various  plate  thicknesses  is  shown  graphically  in  Figure  11  , 
page  55, 
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Second  Stage 
T 

KPMftnn  ■ 

Npp 

g 

Ns 

Np 

Nr 

Ds  ■ 

Dp  m 

D 

o.r.  « 

ITdT 

e 

L  ■ 

L 


2.067  x  106  in. -lb. 

433 

8 

6  in. 

135 

73 

281 

22.50  in. 

12.1667  in. 

9-35  Id. 

46.30  in. 

23.00  in. 

30  x  106  psi 

(22.5  +  12.1667)  sin  (180/8) 
13.266  in. 


Inspection  of  the  second-stage  dimensions  and  required  design  param¬ 
eters  in  the  plate  stress  and  deflection  equations  results  in  the 
following  relations. 

fb  -  (2,488)  g  +  t 

t2 

^  ■  (36.16  x  10’^)  g  +  t 

t3 
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Substitution  (in  the  preceding  equations)  of  the  allowable  plate  stress 
and  maximuD  plate  deflection  limits,  as  given  on  page  19 ,  results  in 
a  second-stage  carrier  plate  thickness  of  0.610  inch.  The  relation  of 
the  second-stage  carrier  plate  stress  and  deflection  for  various  plate 
thicknesses  is  shown  graphically  in  Figure  12  ,  page  56. 

To  compensate  for  the  deflection  in  the  first-  and  second-stage  carrier 
plates  in  this  design,  a  corrective  right-hand  helix  angle  of 
0.0005  to  0.0008  inch  per  inch  should  be  cut  on  the  sun  and  ring  gears 
of  each  stage. 

Planetary  Design  Using  Titanium 

As  indicated  on  page  17  ,  the  contractor  has  successfully  used 
titanium  alloy  (6  A1-4V)  for  planetary  cage  plates  on  several  production 
aircraft.  Maintaining  the  present  design  limits  (f^  -  42,000  psl  and 
A  ■  -001  inch  per  inch)  for  titanium  carriers  and  spacers,  the 
following  weight  saving  was  realized; 


Wt. 

Saving 

1st -Stage 

53 

lb. 

2nd -St  age 

87 

lb. 

Total 

140 

lb. 

Main  Rotor  Shaft 


The  transmission  of  torque  to  the  main  rotor  during  all  operational 
flight  regimes  subjects  the  main  rotor  shaft  to  vibratory  loads  which 
result  from  the  flapping  motion  of  the  blades.  As  the  lift  vector 
is  tilted  to  obtain  horizontal  force  components,  a  moment  and  force 
is  Induced  on  the  hub  which  is  transmitted  to  the  shaft  through  the 
hub  attachment.  As  the  shaft  rotates  relative  to  these  loads,  the 
moments  and  forces  are  cyclic  and  proportional  to  the  flapping 
angle  Q  .  In  addition  to  these  loads,  a  steady  vertical  force, 
approximately  equal  to  the  aircraft  gross  weight  (G.W.),  is  also 
transmitted  to  the  shaft. 

To  design  the  rotor  shaft  for  an  adequate  service  interval,  a  load¬ 
time  schedule  (flapping  spectrum)  and  a  stress-time  relation 
(S-N  curve)  have  been  established.  The  flapping  spectrum  depicts  the 
main  rotor  blade  flapping  angle  p  and  its  anticipated  frequency  of 
occurrence.  Table  4  ,  page  12  ,  presents  the  anticipated  flapping 
spectrum  for  the  single-rotor  heavy-lift  helicopter  of  Reference  3. 

The  S-N  curve  for  the  main  rotor  shaft  is  shown  in  Figure  14  , 
page  64  .  These  S-N  data  incorporate  a  reliability  factor  (R  ■  .9999) 
and  a  size  effect  factor  based  on  volume. 

Using  the  cumulative  damage  theory,  an  iterative  calculation  is 
made  to  establish  an  endurance  flapping  angle  which  must  be 

considered  to  obtain  the  desired  service  life  (in  this  case  ■  3,600 
hours)  when  the  load  spectrum  is  applied  to  the  S-K  curve.  The 
main  rotor  shaft.  Figure  13  ,  page  58  ,  has  been  designed  for 

infinite  service  life  at  the  load  level  corresponding  to  . 
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G.W. 


Horsepower 

RPM 

Number  of  Blades  b 
Hinge  Offeet  e 

Forward  Inclination  of  Shaft  is 
Blade  Centrifugal  Force  Fc 
C.G.  Range 

Endurance  Flapping  Angle 
Tan  (3e 
Hub  Constant  K 
Hub  Moment 

Mh 

Horizontal  Force  H 

Shaft  Material:  SAE  4340  steel 


86,900  lb. 

14,200 

140.6 

6 

30  in. 

3  degrees 
153,000  lb. 

50  in. 

10.00  degrees 
.1763 

(b/2)e  Fc»13.8  x  10^  in. -lb. /rad. 
(b/2)e  Fc&.  .  Kjc, 

~ 17.7  57-3 

2.408  x  106  in. -lb. 

G.W.  x  tan  .  15,320  lb. 


*tu  ■  200,000  psi 

Fen  ■  21,800  psi  (Reference  Figure  14  , 

page  64  ) 
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Stress  Analysis 


AH  section  numbers  refer  to  those  sections  shown  on  Figure 
page  58  . 

Section  1,  cone  seat 


O.D. 

- 

15.16  in. 

TTd 7 

S 

11.12  in. 

z 

m 

235.6  in.3 

X 

M 

7  in. 

Kt 

m 

1.88 

M 

m 

2.408  x  106  +  15,320  x  7  »  2.515  x  106  in 

fb 

m 

Kt  m/z  .  1.88  x  2.515  x  106/235.6 

fb 

m 

20,070  psi 

13, 


Section  2,  fillet  above  upper  hearing 
0". D .  =  14.16  in. 

nr  ■  n.i2  in. 

Z  »  172.7  in.3 
X  -  25.8  in. 


Kt  =  1-33 

M  -  2.408  x  106  +  15,320  x  25.8 
M  «  2.803  x  106  in. -lb. 

fb  -  1.33  x  2.803  x  106/172.7 

fb  «  21=580  psi 


* 


\ 
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Section  3j  bearing  seat 


07  «  1.6.14  in. 

07  »  11.12  in. 

Z  -  319.8  in. 3 
X  -  30  in. 

Kt  -  2.3^ 

M  -  2.4o8  x  106  +  15,320(30)  -  2.86”  x  lO^  in. -lb. 

fb  -  (2. 3*0(2. 867  x  lp6) 

319.8 

fb  -  20,970  psi 

Section  4,  fillet  below  bearing 
O.D.  =  13.80  in. 

OT  =  11.12  in. 

Z  -149.2  in. 3 

X  -  32.5  in. 

Kt  -1.20 

M  «  j~2.4o8  X  106  +  15,320(30)J  75-68  -^2.50 

M  -  2.711  x  106  in. -lb. 

fb  -  (120) (2.711  x  106)  -  21,800  psi 

149.2 

fb  -  21,800  psi 
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'07 

-  12.90  in. 

T7E7 

-  11.12  in. 

z 

-  94. k  in.3 

X 

-  59.38  in- 

Kt 

-  I.50 

M 

»  p.4o8  x  106  +  : 

M 

-  1.023  X  106  in. 

fb 

■  1.5  x  1.023  x  1( 
9^A 

fb 

■  16,250  psi 

^5 


Assuming  the  maximum  transient  flapping  angle  of  12  degrees,  a  static 
analysis  of  Section  5  follows: 

fb  -  16,250  psi  x 

10.0 

fb  -  19,500  psi 

W  -  63,025,  x  14,200 

Tmax  *  6.365  x  106  in. -lb. 

fs  -  T 

22 

f8  -  6.365  x  106  -  33,710  psi 

2  x  9^-k 

fa  -  P/A  «  Q.W./A  -  86,900/33.58 

fa  ■  2,590  psi 
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Margie  of  Safety,  M.S. 


-1 


1.5  ^(fa  +  **) 2  +  Mfs)2 

M.S.  .  _  200,000 _ 

1.5  \/ (2,590  ♦  19,500)244(33,710)2 

M.S.  -  +  .88 


Life  Analysis 

A  life  analysis  on  the  highest  stressed  shaft  section  (Section  4)  for 
the  20-toa  heavy-lift  mission,  which  is  the  roost  severe,  has  been  made 
as  follows. 


£  Time 

Flapping 
Angle 
( Degrees ) 

Stress 

(psi) 

Cycles  to 
Fracture 
(See  Fig.  14 

.01 

12.00 

26,160 

1.27  x  105 

.54 

11.50 

25,070 

1.96  x  105 

.40 

10.07 

21,960 

46.10  x  105 

.80 

7.20 

15,700 

The  shaft  life,  by  the  cumulative  damage  theory  is: 

L  =  _  100 _  .  v 

jtti  +  Jbtz  +  ^Ct3  . . .  +  fan  (Cycles) 

TI  Ti  13 

.  _ 100 _ 

T51T~  7  .rl-  »  .ltp 

1.27  X  105  Y.jZ  X  105  46.10  X  Io5 

-  100  x  lpS 
.292 

L  »  342  x  10^  cycles 

L  =  4,050  hours  at  R  =  0,9999 
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Cycles 

Figure  14.  S-N  Curve,  4340  Steel,  Ftu  =  200,000  psi  (Main  Rotor  Shaft). 


To  investigate  the  weight  saving  that  could  be  realized  by  fabricating 
the  main  rotor  shaft  from  6A1-4V  titanium  alloy,  a  preliminary  com¬ 
parative  design  analysis  was  conducted.  The  analysis  indicated  a 
possible  weight  saving  of  340  pounds  in  the  main  rotor  shaft. 


Overrunning  Clutch 

Each  main  gearbcx  input  pinion  dr?*re  incorporates  a  roller-type  free¬ 
wheel  unit  which  automatically  disengages' an  engine  should  it  suffer 
partial  or  complete  loss  of  power.  This  unit  also  allows  for  engine 
to  main  rotor  release  during  autorotation. 

A  cross  section  of  this  unit  is  shown  in  Figure  15.  page  66.  The 
roller-type  clutch  functions  on  the  principle  of  relative  speeds.  The 
overrunning  condition  is  achieved  by  a  variation  in  relative  speed 
between  the  inner  and  outer  members  of  the  freewheel  unit. 

In  normal  operation,  the  rollers  roll  up  an  inclined  plane  (cam  flats) 
and  are  wedged  between  the  cam  and  the  outer  housing. 

The  freewheel  unit  required  for  the  H1H  input  drives  are  similar  in 
size  to  those  currently  in  use  in  the  Arny  CH-54A  crane  helicopter. 

Test  and  service  experience  on  units  of  this  size  indicate  no  develop¬ 
mental  problems  should  be  realized  in  either  direct  drive  or  overrunning 
operation.  In  fact,  the  contractor  has  accumulated  sufficient  over¬ 
running  experience  to  justify  shutting  down  engines  to  accomplish  the 
1,500-n.m.  ferry  mission. 

A  structural  analysis  of  the  overrunning  clutch  outer  housing  is 
presented  on  page  30. 
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Section  A -A  of  Figure  15, 
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Lubrication  and  Efficiency  Analysis 


The  primary  consideration  of  the  design  of  a  lubrication  system  for 
this  gearbox  and  previous  helicopter  main  transmissions  is  to  provide 
cooling  oil  to  remove  heat  generated  uue  to  friction  generated  at  gear 
meshes  and  bearings  and  to  provide  lubricity  to  support  tooth  and 
bearing  loads. 

The  preliminary  analysis  presented  in  this  report  establishes  a 
systematic  approach  to  the  design  of  an  integrated  lubrication 
system  for  each  transmission  component.  Ibis  approach  is  based  upon 
extensive  test  and  production  experience  with  a  considerable  number 
of  helicopter  transmissions.  Ibis  transmission  utilizes  carburized 
and  ground  gears,  precision  bearings,  and  close  tolerance  machined 
dynamic  parts  and  housings.  Experience  indicates  the  losses  through 
gear  meshes,  including  the  associated  bearings,  to  be  l/2  percent  per 
mesh;  for  planetary  gear  trains  3A  percent  and  the  total  gearbox 
churning  losses  to  be  3 A  percent. 

Efficiency  Analysis 


Input  Bevel  Mesh  (2  places) 

(.005)(4,000)(2) 

B 

40.0 

Main  Bevel  Mesh  (4  places) 

(.005)(4,000)(4) 

« 

80.0 

Accessory  Bevel  Mesh 

(.005X300) 

S 

1.5 

1st -Stage  Planetary 

( .0075X14,200) 

B 

106.5 

2nd -Stage  Planetary 

(  .0075X14,200) 

2= 

106.5 

Tail  take  off  Bevel  Mesh 

(.005)(1,500) 

S 

7.5 

Tail  take  off  Spur  Mesh 

(.005X1,500) 

» 

7.5 

Churning  Losses 

{ .0075) (16,000) 

m 

120.00 

FHP(friction  HP)  -  469-5 


Estimated  Efficiency  =  16,000-469-$  (Tnr>\ 

l6,000 


97- 1^ 


Total  Heat  Generated,  (Qg) 


Qo  =  2,545  Fhp 

=  (2,545)(469-5) 

=  1,195,000  btu/hr. 


5. 
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From  past  helicopter  experience,  at  least  15  percent  of  the  total  heat 
generated  in  a  main  gearbox  is  conducted  through  the  gear  case  and 
radiated  to  the  surrounding  area.  Therefore,  the  necessary  main  gear¬ 
box  oil  cooler  can  be  designed  to  reject  85  percent  of  the  total  gear¬ 
box  heat  generated  at  maximum  power. 

Heat  Rejection  Rate  -  Oil  Cooler 

Qo.c.  a  -85  QG 

-  (.85)(l,195,OGO) 

*  1,015,000  BTU/HR. 

The  transmission  oil  cooler  and  blower  design  is  summarized  on  page  149 
of  this  report. 

Cooling  Oil  Required 

Oil  flow  requirements  are  based  upon  the  following  parameters: 

1.  Use  MIL-L-7808  oil  in  this  transmission. 

2.  Oil  in  at  176°F. 

3.  Oil  out  of  gearbox  at  230°F. 


Main  Gearbox 


Wr 


(U2.U)(*HP) 

(.1337)(Cp)Po 


GPM 


AT 


( ■  565 ) 

(.1337)(.528)(54.4)(5^) 


54.5  GPM 


Oil  Pump 

On  the  basis  of  the  above  main  gearbox  oil  flow  requirement,  a  35-60- 
gailon-per-minute  vane  pump  operating  at  1,800  revolutions  per  minute 
is  required.  This  size  and  type  of  pump  has  been  selected  for 
optimum  serviceability,  quality,  and  low  cost.  The  location  of  the 
pump  and  associated  lubrication  system  components  are  outlined  on 
the  lubrication  schematic  for  the  main  gearbox,  Figure  16  ,  page  70. 
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Figure  16.  Lubrication  System,  Main  Gearbox. 
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TABLE  8 
WEIGHT  SUMMARY, 
MAIN  GEARBOX 


f  * 

Assembly 

Total 

Weight 

Weight 

(lb.) 

(lb.) 

Input  Assembly  -  No.  1  Engine  306 

Input  Assembly  -  No.  2  Engine  223 

Input  Assembly  -  No.  3  Engine  223 

Input  Assembly  -  No.  4  Engine  300 

Outer  Shaft  Assembly  332 

First -Stage  Planetary  Assembly  852 

Second -Stage  Planetary  Assembly  1,067 

Ring  Gear  248 

Main  Rotor  Shaft  1,270 

Main  Rotor  Shaft  Bearings  and 

Support  Assembly  668 

Driven  Tail  Take  Off  Bevel  Gear 
and  Housing  Assembly  108 

Driven  Tail  Take  Off  Spur  Gear 

and  Housing  Assembly  38 

Main  Housing,  Liner.  &  Stud 

Assembly  495 

Sump  Housing  and  Pump  Assembly  60 


6,990 


ENGINE  REDUCTION  GEARBOX  -  TWO  FORWARD  ENGINES 


To  achieve  the  an  -uiar  change  required  by  the  system  configuration  and 
reduce  the  speed  of  the  main  gearbox  input  shaft,  reduction  gearboxes 
are  attached  to  the  two  forward  engines,  as  shown  in  Figure  51  of 
Appendix  I.  These  boxes  consist  of  a  spiral  bevel  gear  reduction  cf 
80/3^  (2.35:1)  and  accessory  drives  for  the  tachometer,  fuel  control, 
and  a  lubricating  pump. 

As  indicated  by  the  stresses  given  Appendix  III,  acceptable  operation 
will  be  obtained  using  the  following  spiral  bevel  gear  proportions: 


Pinion 


Gear 


Number  of  Teeth 
Diametral  Pitch 
Face  Width 
Pitch  Diameter 
Face  Contact  Ratio 
Pressure  Angle 
Mean  Spiral  Angle 
Shaft  Angle 
Pitch  Angle 
Hand  of  Spiral 
Direction  of  Rotatim 


34 


6.149 


S'*  8°41» 
RH 
CCW 


5.529 

2.650 


1.841 
»  20° 

=  20° 

=  29°30' 
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14.469 


p-  20°49' 
LH 
CW 


As  outlined  on  page  42  ,  the  input  pinion  bearing  lives,  determined 
by  computer  solution,  are  4,072  and  14,848  hours  for  the  :l6  quadruple 
set  and  the  216  roller  bearing,  respectively. 


Output  gear  bearing  lives  are  as  follows: 


Cylindrical  Roller 

Preload  (smaller)  Tapered  Roller 

Tapered  Roller 


(65  x  120  x  23  mm) 
(L814749,  L814710) 
(33472/33287) 


4,340  hours 
>>  100,000  hours 
19,000  hours 


72 


7,320  2,340 


Figure  17.  Pinion, Engine  Reduction  Gearbox. 


Critical 

Section  A -A. 

O.D. 

=  3-25  Z  - 

1.9^7 

nr 

<=  '6 -62  Kt  ■ 

2.46 

M  = 

2.06  \j  ( 2,610)2  +  (3,o6o)2 

M  a 

8,280  in. -lb. 

*b  * 

■  Ki»  *  (2.48X8 ,280) 
z  (1.947; 

2b  s 

=  10,550  psi 

Fen 

=  19,500'  psi 

M.S. 

»  Fen  -i  «  19,500  -1 

fb  10,550 

M.S. 

a  +  .  85 
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Critical  Section  A-A 


0. D.  a  3.00  Z  a  2.073 

I • D .  a  2.05  Kt  —  1.39 

M  -  2.87  (3,270)2  +  (4,710)2 

M  =  16, 460  in. -lb. 

fD  -  =  (1-39J(I6,460) 

z  2.073 

ft  =  11 , 040  psi 

Fen  *  19,500  psi 

M.S.  =  Fen  -1  *  19 > 300  -1 
fb  11, 0^0 

M.S.  a  +  .77 
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Lubrication  and  Efficiency  Analysis 


The  primary  consideration  of  the  design  of  a  lubrication  system  for 
this  gearbox  and  previous  helicopter  transmissions  is  to  provide 
cooling  oil  to  remove  heat  generated  due  to  friction  losses  at  gear 
meshes  and  bearings  and  to  provide  lubricity  to  support  tooth  and 
bearing  loads. 

Ike  preliminary  analysis  presented  in  this  report  establishes  a 
systematic  approach  to  the  design  of  an  integrated  lubrication  system 
for  each  transmission  component.  This  approach  is  based  upon  extensive 
test  and  production  experience  with  a  considerable  number  of  helicopter 
transmissions.  This  transmission  utilizes  carburized  and  ground  gears, 
precision  bearings,  and  close-tolerance,  machined  dynamic  parts  and 
housings.  Experience  indicates  the  losses  through  gear  meshes, 
including  the  associated  bearings,  to  be  l/2  percent  per  mesh  and  the 
total  gearbox  churning  loss  to  be  l/2  percent. 

Efficiency  Analysis 

Input  Bevel  Mesh  -  { .vK)5)(4,000)  -  20.0 

Churning  Losses  «  ( .005)(^,000)  ■  20.0 

Fkp  (friction  HP)  40.0 

Estimated  Efficiency  =  4.000-L0  x  100  »  99$ 

4,000 

Total  Heat  Generated  (Qg) 

0g  =  2,5^5  x  Fhp 
=  (2,5^5)(^0) 

=  101,800  btu/hr. 

From  past  helicopter  experience  at  least  15  percent  of  the  total  heat 
generated  in  an  engine  reduction  gearbox  is  conducted  through  the  gear 
case  and  radiated  to  the  surrounding  area.  Therefore,  the  necessary 
oil  cooler  can  be  designed  to  reject  85  percent  of  the  total  gearbox 
heat  generated  at  maximum  power. 
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Heat  Rejection  Rate  -  Oil  Cooler 


Qo.c.  -  -85  Qg 

=  ( .Sf,)(ioi,8oo) 

»  86,500  btu/hr. 

The  transmission  oil  cooler  and  blower  design  is  summarized  on  page  149 
of  this  report. 

Cooling  Oil  Required 

Oil  flow  requirements  are  based  upon  the  following  parameters: 

1.  Use  MIL-L-7808  oil  in  this  transmission. 

2.  Oil  in  at  176°F. 

3*  Oil  out  of  gearbox  at  230°F. 

Therefore,  W0  «=  Ce  (42.4)  Fhp  GFM 

~1337)Cpp0^r 

=  4.64  GFM 


Oil  Pomp 

On  the  basis  of  the  above  engine  reduction  gearbox  oil  flow 
requirement,  a  5-10-gallon-per-minute  vane  pump  operating  at  2,800 
revolutions  per  minute  is  required.  This  size  and  type  of  pump  has 
been  selected  for  optimum  serviceability,  quality,  and  low  cost.  The 
location  of  this  pump  and  associated  lubrication  system  components 
are  outlined  on  Figure  19  ,  page  77. 


% 


Figure  19.  Lubrication  System,  Engine  Reduction  Gearbox. 


TABLE  9 

WEIGHT  SUfrWAHY, 
ENGINE  REDUCTION  GEARBOX 


Component 

Unit 

Weight 

(lb.) 

Assembly 

Weight 

(lb.) 

Total 

Weight 

(lb.) 

Center  Housing  Assembly 

4l 

Front  Cover  Assembly 

23 

Fuel  Control  Shaft  Assembly 
(L.H.  Installation  Only) 

3 

Input  Pinion  Assembly 

51.5 

Input  Pinion 

Bearings 

Housing  and  Liner  Assembly 
Miscellaneous 

18.7 

17 

9-2! 

6.6 

Output  Gear  Assembly 

79-5 

Output  Gear 

Bearings 

Housing  and  Liner  Assembly 
Coupling 

Miscellaneous 

47.3 

8.8 

9.4 

7.0 

7.0 

198 
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INPUT  DRIVE  SHAFT  -  MAIN  GEARBOX 


To  compensate  for  momentary  over-torques  that  may  occur  from  free 
turbine  engines,  the  engine  reduction  gearbox  to  main  gearbox  shaft 
system  is  designed  to  transmit  limit  power  equal  to  twice  normal  rated 
power.  Utilizing  one  flexible,  viscous  damped  bearing  support,  the 
drive  shaft  system  has  been  designed  so  that  its  operating  speed  is 
between  the  first  and  second  critical  speeds .  Shaft  vibration  is 
isolated  from  the  fuselage  by  the  viscous  damped  bearing  support.  Hie 
flexibility  of  the  bearing  support  enables  the  use  of  a  rigid  coupling 
to  connect  the  two  shaft  sections.  Flexible  disk  couplings  are  used 
adjacent  to  the  gearboxes.  The  shaft  sections  are  of  equal  length 
for  ease  of  manufacturing  and  logistics. 

The  shafts  are  fabricated  from  202^-13  aluminum  alloy  tubing.  The  size 
is  selected  to  transmit  the  required  power,  provide  the  required 
critical  speeds,  be  lightweight,  and  yet  be  amenable  to  manufacture. 

The  critical  speeds  are  determined  using  a  method  deveDoped  by  N.  0. 
/'fyklestad  (Reference  8).  The  principle  upon  which  the  method  is  based 
is  that  a  frequency,  or  critical  speed,  and  curve  shape  are  assumed  and 
computations  for  shear  and  bending  moment  are  progressively  carried 
out  from  one  end  of  the  shaft  to  the  other.  A  tabular  form  of  compu¬ 
tation  is  used  with  a  series  of  concentrated  loads  representing  the 
shaft.  Successive  approximations  using  assumed  values  of  frequency 
end  curve  shape  are  accomplished  using  a  709^  computer.  When  the 
assumed  value  of  frequency  corresponds  to  one  of  the  modes,  the  selected 
boundary  conditions  the  curve  shape  nave  been  met. 


Computation  Equations: 


The  shaft  is  considered  to  be  pinned  at  the  ends  and  has  no  damping 
imposed. 


Shear  i  +  1  =  Shear  i  +  (Moment  i)( frequency )2( deflect ion  i) 


Moment  i  +  1  =  Moment  i  +  (Length  of  Beam  i) (Shear  i) 


i  and  i  +  1  represent  two  adjacent  stations 


Boundary  Conditions: 


Shear0  *  1 


Shearn  =  1 


Mornent0  =  0  Moraentn  *=  0 
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Stress  Analysis  of  Shafting 


Stress  developed  at  critical  shaft  sections  for  limit  power  is 
calculated  to  determine  design  adequacy. 

Maximum  HP  per  Engine  *  4,500 

Operating  Speed  »  5 >700  RPM 

Distance  "between  engine  output  coupling  and  gearbox  input  coupling  is 
115  inches. 


T 

«  2  x  63,025  x  HP 

RPM 

T 

*  2  x  63,025  x  4,500 

5,786 

T 

*=  90,477  in. -lb. 

O.D. 

-  5-500 

rnr 

-  5-170 

Center  of 

Shaft 

Z 

*  3-581 

•f 

1  s 

-  T 

2xZ 

r, 

*  3 

*  2MLL 

2x3 . 581 

fs 

-  13,750  psi 

FSt 

»  24,000  psi  (Reference  4) 

M.S. 

=  Fst  -1 

1 • 5xf 6 

M.S. 

=  24,000  -1 

1.5x13,750 

M.S. 

=  +  .16 
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Shaft  End  Connection 


No.  of  .3^+  dia.  lock  bolt  holes  «*  6 

U  =  &MT 

2x2.517 

fs  =  19,556  psi 

FSy  «=  23,100  psi  (Reference  4) 

M.S.  =  Fsy  -l 

1  •  15x7  s 

=  23,100  -1 

1.15x19,556 

M.S.  =  +  .03 


Shaft  Critical  Speeds 

Shaft  critical  speeds  are  computed  using  Myklestad's  method  as 
described  in  the  introductory  paragraphs.  The  viscous  damped  bearing 
support  has  a  lateral  spring  rate  of  two  hundred  pounds  per  inch.  The 
shaft  is  divided  into  ten  equal  concentrated  mass  increments  with  a 
concentrated  mass  at  the  bearing  support. 

Nci  »  2,136  RPM 

NC2  =  10,608  RPM 


The  input  drive  shaft  is  therefore  operating  supercritically  at 
5,760  RPM. 
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TABLE  10 

ITEMIZED  WEIGHT  OF  ONE  INPUT  DRIVE  SHAFT  SYSTEM 


Component 

Weight  Analysis 

Weight 

(lb.) 

Weight  of  Shaft 

wt. 

x  Length  »  .277x115 

31.8 

In.  Length 

Weight  of  Flexible  Disk 
Couplings 

Unit  Wt .  x 
*  7-7x2 

No.  of  Couplings 

15-4 

Weight  of  Rigid  Couplings 

Unit  Wt.  x 
=  6.8x1 

No .  of  Couplings 

6.8 

Weight  of  Bearing  Support 
and  Attaching  Hardware 

Unit  Wt.  x 
Supports 

No.  of  Bearing 
*  4.7x1 

4-7 

Total  weight  of  one  input 

drive  shaft  system  * 

58.7 
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ACCESSORY  DRIVE  SHAFT 


The  accessory  drive  shaft  has  been  designed  to  transmit  the  maximum 
power  required  by  aH  accessories  (summarized  on  page  87  )•  Based  on 
previous  experience,  an  overload  factor  of  2.0  has  been  applied  to  the 
maximum  input  torque  to  the  accessory  gearbox  to  assure  structural 
adequacy  for  all  operating  conditions. 

The  shaft  assembly  has  been  designed  to  be  a  single  span,  with  a 
flexible  disk  type  coupling  on  each  end  to  allow  parallel  misalignment 
of  the  gearboxes. 

Since  the  power  is  relatively  low,  and  the  shaft  span  is  short  (35 
inches),  supercritical  operation  is  not  warranted.  The  shaft  has  there¬ 
fore  been  designed  such  that  its  first  critical  speed  is  at  least  1.50 
times  its  operating  speed. 


Figure  21.  Accessory  Drive  Shaft. 


Stress  Analysis 

The  stresses  developed  at  the  critical  shaft  sections  for  the  overload 
torque  of  twice  maximum  accessory  power  are  calculated  to  determine  the 
design  adequacy  as  follows: 

Maximu.  Accessory  Power  «  300  at  6,022  RPM  (Reference 

page  87) 

Shaft  Spar:  (between  couplings)  =  35  inches 

T  -  63,025  x  HP  x  overload  factor 
RPM 

T  =  63,025  x  300  x2 

6,022 

=  6,260  in. -lb. 

-  1.875 


T 

S77T 
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I.D. 


1-557 


Center  of  Shaft 

Z  =  .252 

fs  «  T 

2xZ 

fs  =  6,280 

2X.252 

fs  »  12,500  psi 

Ftu  =  29,000  psi  (Reference  4) 

M.S.  =  Ftu  -1 

1.5xfs 

M.S.  =  29,000  -1 

1.5x12,500 

M.S.  =  +  .55 
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Shaft  Critical  Speed 

Shaft  critical  speed  is  computed  using  the  basic  equation  for  ceam 
pinned  at  the  ends.  The  gear  mountings  inside  of  the  gearboxes  rust  be 
rigid  in  order  to  use  this  simplified  method  of  analysis. 


V 

4-cn 

‘  1  40  “ 

=  JfiJEI 

l2  V  e * A 

(Reference  8  , 

page  217  ) 

al 

=  9.87  for 

E 

=  10.5  x  106 

pa 

=  .100 

-cl  =9.87  . 

/  386  x  1C . 5  x  106 

I 

IF  \ 

1  .100  A 

19-2  x  1CT 

T  2 


19.2  x  106  x  .626 


NC1  =  9,820  RPM 


TABLE  11 

ITEMIZED  WEIGHT  OF  ACCESSORY  DRIVE  SHAFT 


Weight 


Component 

Weight  Analysis 

(lb.) 

Weight  of  Shaft 

Wt.  x  Length  =  .C60  x  35 

In .  Length 

2.10 

Weight  of  Flexible  Disk 
Couplings 

Unit  Wt .  x  No,  of  Couplings  = 
1.03  x  2 

2.06 

Total  Weight  of  Accessory 

Shaft  Assembly 

6.16 
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ACCESSORY  GEARBOX 


The  transmission  system  study  considered  here  has  accessory  drives  as 
outlined  belo* .  The  accessories  have  been  counted  on  a  separate 
accessory  gearbox,  as  depicted  on  Figure  58  ,  page  245  •  The 

study  included  provisions  for  all  necessary  accessories  driven  on  the 
ground  by  using  an  auxiliary  power  turbine  that  operates  either  with 
the  rotor  locked  or  rotating  and  delivers  80  horsepower. 

Accessory  Drives 


Max.  HP 

Avg.  HP 

Primary  Servo  Pump 

30 

10 

Secondary'  Servo  Pump 

3C 

*1 

.Ik. 

Two  Generators  (20  KVA)* 

149 

53 

Utility  Pump 

70 

20 

Hoist  Pump 

20 

6 

Rotor  Tachometer 

1 

1 

TOTALS 

300  HP 

100  HP 

Auxiliary  Power  Supply  (T62T-16 

A)  80  HP 

*Note :  Both  generator  drives  were  designed  for  50  percent 
generator  overload.  Only  one  generator  is  driven 
by  the  auxiliary  power  supply.  The  other  is  driven 
only  when  the  rotor  is  turning.  (See  Figure  58  ) 
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Lubrication  and  Efficiency  Analysis 


The  primary  consideration  of  the  design  of  a  lubrication  system  for 
this  gearbox  and  previous  helicopter  transmissions  is  to  provide 
cooling  oil  to  remove  heat  generated  due  to  friction  losses  at  gear 
meshes  and  bearings  and  to  provide  lubricity  to  support  tooth  and 
bearing  loads. 

The  preliminary  analysis  presented  in  this  report  establishes  a  system¬ 
atic  approach  to  the  design  of  an  integrated  lubrication  system  for 
each  transmission  component.  This  approach  is  based  upon  extensive 
test  and  production  experience  with  a  cor siderable  number  of  helicopter 
transmissions.  This  transmission  utilizes  carburized  and  ground  gears, 
precision  bearings,  and  close-tolerance,  machined  dynamic  parts  and 
housings,  experience  indicates  tae  losses  through  gear  meshes, 
including  the  associated  bearings,  to  be  1/2  percent  per  mesh,  and  the 
total  gearbox  churning  loss  to  be  1/2  percent. 


Efficiency  Analysis 
Accessory  Gearbox 


Generator  -  Itility  Mesh 

(.005) (225) 

i.13 

Utility  -  Hoist  Mesh 

(.005)(155) 

= 

.78 

Hoist  -  Primary  Servo  Mesh 

(.005X135) 

- 

.68 

Primary  -  Secondary  Servo  Mesh 

( .005)(30) 

- 

.15 

Primary  Servo  -  Generator  Mesh 

(.005)(74) 

- 

-37 

Churning  Losses 

(.005)(300) 

= 

1.50 

fhp  (fri 

ction  HP) 

4.61 

Estimated  Efficiency  =  300  -  A. 61  x  100  =  98. 4,^ 

300 
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Total  Heat  Generated  (Qq) 

Qg  =  2,545  FHp 

-  2,545  x  4.61 
«  11,  700  BTU/HR. 

Based  upon  current  aircraft  experience  on  accessory  gearboxes,  with 
low  friction  pov-er  losses  and  relatively  large  gear  case  surface  area, 
the  case  rejection  rate  is  great  enough  to  dissipate  the  generated 
heat  provided  the  oil  is  circulated  via  an  oil  pump. 


Cooling  Oil  Required 


Oil  flow  requirements  are  based  upon  the  following  parameters: 
1„  Use  MIL-L-7808  oil  in  this  transmission. 

2.  011  in  at  176°F. 


3.  Oil  out  of  gearbox  at  230°F. 


Therefore, 


W 


o 


Ce  (42.4)  FHP 
(.1337)Cp  pQ  at 


GPM 


=  0.95  GPM 


Oil  Pump 


On  the  basis  of  the  above  accessory  gearbox  oil  flow  requirement,  a 
2-gallon-per-minute  vane  pump  operating  at  5,179  revolutions  per 
minute  is  required.  This  size  and  type  of  pump  has  been  elected  for 
optimum  serviceability,  quality,  and  low  cost.  The  arrangement  of  this 
pump  and  associated  lubrication  system  components  is  outlined  on 
Figure  22,  page  90. 
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TABLE  12 
WEIGHT  SUMMARY, 
ACCESSORY  GEARBOX 


Housing  Assembly 

Housing  Liner  and  Stud  Assembly 
Input  Gear 
Input  Flange 
Utility  Gear 
Hoist  Gear 
Lube  Pump  Gear 
Gen.  Right  Gear 
2nd  Servo  Gear 
Auxiliary  Power  Supply  Gear 
Freewheel  Unit 
Miscellaneous 
Front  Cover  Assembly 

Cover  Liner  &  Stud  Assembly 
Lubrication  Pump  Assembly 


24.0 

4.0 

0.5 

2.0 

2.3 

1.6 

2.2 

1.2 

1.0 

3.0 

16.0 


57-8 


22.2 


21.0 

1.2 

TOTAL  WEIGHT 


60.0 
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HYPERCRITICAL  TAIL  ROTOR  DRIVE  SYSTEM 


Tail  Drive  Shafting 


Fuselage  -  Tail  Cone  Shafting 

The  fuselage  -  tail  cone  shaft  system  connecting  the  main  and  inter¬ 
mediate  gearboxes  has  been  designed  to  transmit  the  maximum  anticipated 
transient  power  to  the  tail  rotor.  Based  on  extensive  experience  on 
large  single  rotor  aircraft,  this  peak  (or  limit)  tail  rotor  power  is 
approximately  25  percent  of  the  maximum  input  power  to  the  main  trans¬ 
mission.  Hypercritical  speed  operation  of  this  shaft  system  has  been 
selected  to  achieve  a  lightweight  installation.  This  system  requires 
only  two  viscous  damped  bearing  supports  spaced  to  efficiently  minimize 
shaft  vibrations  when  transient  speeds  coincide  with  the  shaft  natural 
frequencies  (critical  speeds).  The  operating  speed  of  the  shaft 
(5,922  RPM)  is  between  the  seventh  and  eighth  critical  speeds  during 
flight  operation. 

As  shown  in  Figure  51,  page  229,  the  shafting  consists  of  three 
sections,  with  the  longest  section  limited  to  23  feet  to  facilitate 
manufacturing  and  handling. 
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Shaft  Critical  Speeds 


The  critical  sjreeds  of  the  ahaft  system  are  computed  by  the  Myklestad 
method  of  analysis,  as  described  in  the  introductory  paragraphs  on 
critical  speed  analysis  for  th'  input  drive  shaft  on  page  79.  The 
two  viscous  damped  bearing  supports  each  have  a  lateral  spring  rate  of 
200  pounds  per  inch.  The  shaft  is  divided  into  36  equal  concentrated 
mass  increments  with  an  additional  concentrated  mass  at  each  bearing 
support.  The  first  eight  critical  speeds  are  summarized  as  follows: 


*» 

KPM 

NC1 

= 

254 

Nc2 

= 

557 

Nc3 

E= 

1,052 

Nc4 

S 

1,770 

N  c 

c  5 

= 

2,640 

Nc6 

3,940 

nc7 

SE 

5,370 

Nc8 

as 

6,765 

The  analysis  predicts  the  normalized  shaft  deflections  (related  to  a 
maximum  deflection  unit  of  1  inch).*  Since  operational  speed  is 
between  the  seventh  and  eighth  critical  speeds,  these  mode  shapes  are 
plotted  in  Figure  23,  page  95  . 


*uel erence  d,  page  115. 
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Number  of  Supports 


Although  the  hypercritical  drive  shaft  design  presented  herein  incor¬ 
porates  two  viscous  damped  bearing  support:.  (Reference  Figure  23,  rare 
95  )»  analysis  indicates  that  only  one  support  is  required  for  hyper¬ 
critical  operation  between  the  seventh  and  eighth  critical  speeds.  The 
investigations  of  Reference  7  verify  this  conclusion.  However,  two 
damped  supports  have  been  utilized  for  HLH  to  provide  a  fail-safe  tail 
drive  shaft  design.  If  one  damper  should  malfunction,  the  system  will 
operate  successfully,  although  at  a  somewhat  higher  amplitude  than  that 
anticipated  for  the  two-bearing  system. 


Damping  Coefficient  -  / iscous  Damped  Support 

The  damping  coefficient  -c-  for  the  viscous  damped  bearing  support  is 
equal  to  10  pounds  second  per  inch  for  the  seventh  critical  speed. 
Analysis  indicates  that  this  coefficient  is  satisfactory  for  all  other 
modes. 


Bending  Stress  Calculations 

The  following  analysis  establishes  that  the  viscous  damped  hypercritical 
drive  shaft  installation  possesses  enough  restraint  to  adequately 
control  shaft  resonance  at  operating  speed  with  shaft  unbalances 
resulting  from  normal  manufacturing  tolerances. 

A  normal  mode  approach  is  used  to  define  the  forces  caused  by  different 
sources  of  unbalance.  These  forces  are  applied  to  the  damped  normal 
modes  of  the  shaft  at  the  critical  frequencies  adjacent  to  operating 
speed.  The  normalized  shaft  bending  moment  distribution  derived 
earlier  by  the  Myklestad  analysis  is  dimensioned  by  the  modal  response 
to  determine  the  actual  bending  moment  expected  in  operation. 
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Figure  23.  Normalized  Tail  Drive  Shaft  Deflection 
(tuselage  -  Tail  Cone  Shafting) 


The  two  types  of  shaft  system  unbalance  distribution  are  illustrated 
below,  showing  the  theoretical  maximum  unbalance  distributer  for  a 
production  shaft  assembly.  The  first  type  cf  unbalance  distribution 
is  causeJ  by  the  maximum  allowable  runout  in  production  shafting,  while 
the  second  is  caused  by  assembly  tolerances  between  the  bearing  and 
shaft  center  lines. 


L jL 


(£  of  Distributed  Unbalance 


If 


? 

rrf 


X 


ZB  =  .010 


=  -.010 


The  first  type  of  distribution  affects  only  the  odd  number  mode  shapes 
( h'.j ,  ...  etc.)  while  the  second  affects  only  the  even  number  mode 

shapes  (N2,  ...  e  c.).  Maximum  shaft  bending  stress  is  calculated 

as  outlined  i.n  Heferer.ee  2,  for  steady  operation  at  the  seventh  and 
eighth  critical  speeds.  Since  operational  speed  is  between  these  two 
conditions,  operational  stress  will  be  below  that  calculated.  The  ,uode 
shape  for  any  particular  critical  speed  remains  fixed  in  a  plane  that 
whirls  at  the  same  RPM  as  the  shaft.  The  bending  stress  is  thus  constant 
at  a  particular  critical  speed* 
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Critical  Speed  (Nc) 

Nc?  =  5,370  RPM 

Nc8  «  6,765  RPM 

%  of  Critical  Damping 

6*  =  2  c  IT  X  Brgs.  100 

1x2  Shaft  Increments 

46.756 

46. 5% 

Magnification  Factor 

x  =  1 

*0  2  g  (1  -  g  2)1,/2 

1.22 

1.22 

Principle  Eccentricity,  P.E.,  - 

4  Y7  .  h 

i _vr  zb. 

(n  r  ) 2 

n  nr 

4  /T  (.230)  4  fT  ( .010) 

(7  If  )2 


Maximum  Deflection 

$  =  x  (P.E.)  _1_ 

xo  yT 

Maximum  Bending  Moment* 


.00266  in. 


.00225  in. 


.0023  in. 


.0019  in. 


Mg  =  Bending  Moment  ^  1.07  x  10^(.0023)  1.29  x  10^(. 

_Inch  of  Deflection 


246  in. -lb. 


0019) 
245  in. -lb. 


Maximum  Bending  Stress 

f  _ 

Z  2.437 


101  psi 


100  psi 


*  Value  of  bending  moment  per  inch  of  deflection  obtained  from 
computer  analysis  predicting  normalized  rhaft  deflections. 
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Static  Substantiation  of  Shafting 

Stresses  developed  at  critical  ehaft  sections  for  limit  tail  rotor 
power  have  been  calculated  to  verify  the  desig.i  adequacy.  The  bending 
stresses  calculated  in  the  previous  3tction  have  a  negligible  effect 
on  the  fatigue  or  static  strength  of  che  shaft. 

Limit  HP  to  tail  rotor  =  4,000 


Operating  Speed 


-  5,922  RPM 


Distance  between  main 
and  intermediate  gear¬ 
box  couplings 


525  in. 


-  63.025  x  HP 

RPM 

=  63.025  x  4. OX 
5,922 

=  42,570  in. -lb. 

=  5.000 

—  j 

~  4  •  1  -  - 


Center  of  Shaft 


=  2.427 


=  _r_ 

2  z 


2  x  2.427 


=  8,770  psi 


=  16,500  psi  (Reference  4) 


M.S.  =  Fst _ 

1.5  x  fs 


16.500 


1.5  x  8,770 
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M.S.  “  -*-.25 
Shaft  and  Connection 

No.  of  .344-dia.  lock  bolt  holes  *=  four  per  row  (two  rows) 
Z  =  2.209 


fs 

T 

2  Z 

fs 

= 

42^.70..  ■ 

2  x  2.209 

fs 

= 

9,600  psi 

Fsy 

= 

23,100  psi 

(Reference  4) 

M.S. 

= 

Fsy  -1 

1.15  x  fs 

M.S. 

E£ 

3.109,- 

1.15  x  9,600 

-1 

M.S. 

+1.08 
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Pylon  Drive  Shaft 


The  pylon  drive  shaft  transmits  the  same  power  as  the  tail  drive  shaft, 
but  at  3 * 760  RPM  rather  than  at  5 >922  RPM,  It  is  designed  to  transmit 
the  power  using  the  specified  safety  factors.  As  is  done  on  the  engine 
input  drive  shaft,  one  flexible,  viscous  damped  bearing  support  is  used 
at  the  center  of  the  span,  and  operational  speed  is  between  the  first 
and  second  critical  speeds.  The  critical  speeds  are  computed  by  using 
)fyklestad’s  method  of  analysis,  as  described  in  the  introductory  para¬ 
graph  on  critical  speed  analysis  for  the  input  drive  shaft. 

Stress  Analysis  of  Shafting 

Stiess  developed  at  critical  shaft  sections  for  limit  power  is  calcu¬ 
lated  to  determine  design  adequacy. 

Limit  HP  to  tail  rotor  -  4,000 

Ope  rat  nig  speed  =  3.  760  RPM 


Distance  between  intermediate  and  tail  gearbox  couplings  =  136  m. 

T  =  63.02$  x  HP 
RPM 

T  =  63,02$  x  4,000 
3,760 

T  =  67,000  in. -lb, 

0Td,  =  $.2$0 

TX  =  4.982 

Center  of  Shaft 

Z  -  2,686 

fs  =  T 

2  x  Z 

fs  =  67.000 

2  x  2.686 

fs  =  12, r  >0  psi 

Pst  =  21,000  psi  (Reference  4) 


100 


M.S. 


=  Pst  -1 
1.5  x  fs 

M.S.  =  21,000  -1 

1.5  x  12,500 

M.S.  =  +  .12 

Shaft  Snd  Connection  (Reference  Figure  20,  page  80) 

No.  of  .344  dia.  lock  bolt  holes  =  five  per  row  (two  rows) 


7. 

2.399 

fs 

- 

1 

2  x  Z 

fs 

= 

67,000 

2  x  2.399 

fs 

= 

14,000  psi 

Fsy 

s 

23,100  psi  (Reference  4) 

M.S. 

=1 

_ FgX-  -1 

1.15  x  fs 

M.S. 

= 

23,100  -1 

1.15  x  14,000 

V  r* 

i  i  ,  kJ  , 

-- 

+  .44 

Shaft  Critical  Speeds 

Shaft  critical  speeds  are  computed  by  the  Myklestad  method  of  analysis, 
as  described  in  the  introductory  paragraph  on  critical  speed  analysis 
for  the  input  drive  shaft.  The  viscous  damped  bearing  support  has  a 
lateral  spring  rate  of  200  pounds  per  inch.  The  shaft  is  divided  into 
10  equal  concentrated  mass  increments  with  a  concentrated  mass  at  the 
bearing  support, 

Ncl  =  1,531  RPM 

Nc?  =  7,3  3  RPM 

The  pylon  drive  shaft  is  operating  supercritical^  at  ,760  RPM,  since 
the  first  mode  is  1,531  RPM  and  the  second  is  7,300, 
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TABLE  13 
ITEMIZED  WEIGHT, 
TAIL  DRIVE  SHAFTING. 


Item 

'Weight  Analysis 

Weight 

(lb.) 

Fuselage  -  Tail  Cone  Shafting 


Shaft 

Wt.  x  Length  =  .202  x  525 

Inch  Length 

106. 

Flexible  Disk 
Couplings 

Unit  Wt.  x  *'o.  of  Couplings  = 

6.3  x  2 

12.6 

Rigid  Couplings 

Unit  Wt.  x  No.  of  Couplings  = 

5.5  x  2 

11.0 

Bearing  Supports  & 
Attaching  Hardware 

Init  Wt.  x  No.  of  Bearing 

Supports  =  4.7  x  2 

—2*4- 

Weight  -  fuselage  -  tail 

cone  shafting 

139.0 

Pylon  Drive  Shaft 

Weight  of  Shaft 

Wt.  x  Length  =  .228  x  136 

inch  Length 

31.1 

'Weight  of  Flexible 
Disk  Couplings 

Unit  Wt.  x  No.  of  Couplings  = 

7.7  x  2 

15.4 

'Weight  of  Rigid 
Couplings 

Unit  Wt  x  No.  of  Couplings  = 

6.8  x  1 

6.8 

Weight  of  Bearing 
Supports  and 
Attaching  Hardware 

Unit  Wt.  x  No.  of  Bearing 

Supports  =4.7  x  1 

.  a  a 

Weight,  Pylon  Drive  Shaft 

58.0 

Total  Weight  -  Tail 

Drive  Shafting 

197 
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Intermediate  Gearbox 


As  shown  in  Figure  56,  Appendix  I,  the  angular  change  between  the  tail 
cone  and  pylon  drive  shafting  is  accomplished  in  an  intermediate  gear¬ 
box  located  at  the  intersection  of  these  shaft  axes.  To  obtain  as  much 
reduction  as  is  practical,  a  63/40  (1.575:1)  ratio  spiral  bevel  gear  set 
v-as  selected.  An  acceptable  face  contact  ratio  of  1.571  was  achie/ed 
using  the  following  gear  proportions.  As  indicated  in  appendix  III, 
relatively  low  operating  stresses  are  obtained  for  this  gear  set. 


Pinion 

Gear 

Number  of  Teeth 
Diametral  Pitch 

40 

4.000 

63 

Face  Width 

Pitch  Diameter 

10.000 

2.000 

15.750 

Face  Contact  Ratio 

1.571 

Pressure  Angle 

p  =  20° 

Mean  Spiral  Angle 

*  =  28°n 

Shaft  Angle 

Pitch  nngle 

t =  39°20* 

£=  125°54' 

T=  86°34 

Hand  of  Spiral 

RH 

LH 

Direction  of  Rotation 

ccw 

a; 

Gearing  Data 

6  =  20°0' 

Tan  p  - 

.36397 

p  =  28°0' 

Sin  - 

.46947 

Cos  ^  = 

.88295 

f  =  39°20' 

Sin  f  = 

.633  83 

Cos  f  = 

.77347 

T  -  86°34' 

Sin  f  = 

.99821 

Cos  p  = 

.05989 

Dmean  (pinion) 

Dp  -  F  Sin  X 

Dme  an  ( pinion) 

=  10.000  -  2  x  0.63383 

—  C  71  in 

V-*  •  t  J>  *  • 
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Figure  24.  Intermediate  Cearbox  bhafting 


Omean  (gear)  =  8.73  x  (63/40) 

One an  (gear)  =  13.75  in. 

Incut  P inion.  Figure  24 

Horsepower  875 

Input  Speed  5,922  RPM 

Kean  Diameter  8.73  in. 


Torque 

63,025  x  HP  =  63.025  x  875 

RIM  5,922 

Torque 

= 

9,300  in. -lb. 

Wt 

- 

2T  =  2  x  9.300 

Dmean  8.73 

Ht 

= 

2,130  lb. 

Wx 

= 

V.+  (tan  sin  +  sin  V*  cos  Y  ) 

COS  Ify 

Wx 

— 

2.130  (.3639?  x  ,63383  +  *  -77347) 

.88295 

Wx 

= 

1,430  lb. 

wr 

— 

W+  (tan  4  cos  Y  -  sin  'f'  sin  ^  ) 
cos 

Wr 

= 

2-130  (.363  97  x  .77347  -  .46947  x  .63383) 

.88295 

W 

r 

= 

-38  lb. 

rA 

= 

V(2.130  x  2.66)2  +  (30  x  2.66  +  1.430  x  4.365)2 

6.97 

rA 

= 

1*220  lb. 

rb 

= 

V(2.130  x  ?<63)2  +  (38  x  9,63  +  1.430  x  4.365)2 

6.97 

Rr 

= 

3,090  lb. 
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Bearing  Selection  -  Input  Pinion 


At  "A",  tapered  roller  bearing  3;  306/34478. 

K.  =  1.3 

BRR  =  3,580  lb. 

At  "B",  tapered  roller  bearing  KM617049/HM617010. 

Kb  =  1.35 

BRR  =  10,500  lb. 

.47  RB  *  .4?  x  3.090  =  1,076  lb. 

K0  1.35 

.47  RA  +  Thrust  =  .47  x  1,220  +  1,430  =  1,871  lb. 

Ka  1.3 

Therefore,  since  1,076  <.  1,871 

REg  =  0.53  RB  +  Kg  (.47  RA  +  Thrust) 

KA 

R %  =  .53  x  3,090  +  1.35  x  1,671 

RSg  =  4,164  lb. 

R£a  -  Ra  =  1,220  1 o. 

The  R-10  life  of  tapered  roller  bearings  nay  be  found  by  the  use 
of  the  following  equation: 

L  =  3,000  x  (BRR/RE)  1C^  x  (500/RPM)  hours 

La  -  3,000  X  (3,580/1,220)  10/3  x  (500/5,92 2) 

L.  -  9,170  hours 

Lg  =  3,000  x  (10,500/4,164)  x0^  *(500/5,922) 

Lg  =  5,550  hours 
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Output  Gear,  Figure  24 


=  W+  (tan  4>  sin  P  -  sin  ^  cos  P  ) 


cos 


r 


=  2,130  (.36397  x  .99821  -  .46947  x  .05989) 

.88295 

=  810  lb. 

=  W,  (tan^  cos  f1  +  sin  sin  P* ) 

COS  (js 

=  2,130  u 3 63 97  x  .05989  +  .46947  x  .99821) 

.88295 


v: 


=  1,182  lb. 


Rr 


V(2.130  x  7.32)2  +  (1.182  x  7.32  -810  x  6.875)2 

9.36 


RC 


-  1,695  lb. 


-  sfTz 


(2,130  x  2.06  r  +  (1.182  x  2.06  +  810  x  6.875)' 

9.38 


=  J73  lb. 


Bearing  Selection  -  Output  Gear 

at  "C",  locate  a  roller  bearing,  70  x  110  x  20  mm,  with  a  basic 
dynamic  capacity  of  15,700  lb.  The  B-10  life  is  expressed  by 
the  following  formula: 


B-10  life  =  (c/p)  10/3  iq6 

RPM  x  60 

Lc  =  (15, 700/1,695 )IQ/3  106 

3,760  x  60 


7,410  hours 
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At  "D-E",  two  tapered  roller  bearings  34306/34478  back-to-back. 


kd 

=  1.30 

BRP. 

=  3,580  lb. 

Thrust 

=  810  lb. 

•47  RP 
kD 

=  .47  x  973  =  352  lb. 

1.3 

Since  810  >  352,  bearing  "D"  reacts 
is  used  for  preload. 

the  radial  load  and  bearing 

R£D 

=  .53  Rq  +  x  thrust 

=  .53  x  973  +  1.3  x  810 

red 

=  1,570  lb. 

=  3,000  x  (3,580/l,570)10/3  x 

(500/3,760) 

Ld  =  6,220  hours 

LE 


=  100, 000  hours 


Lubrication  and  Efficiency  Analysis 


The  primary  consideration  of  the  design  of  a  lubrication  system  for  this 
gearbox  an.  previous  helicopter  transmissions  is  to  provide  cooling  oil 
to  remove  heat  generated  due  to  friction  losses  at  gear  meshes  and 
bearings  and  to  provide  lubricity  to  support  tooth  and  bearing  loads. 

The  preliminary  analysis  presented  in  this  report  establishes  a 
systenatic  approach  to  the  design  of  an  integrated  lubrication  system 
for  each  transmission  component.  This  approach  is  based  upon 
extensive  test  and  production  experience  with  a  considerable  number  of 
helicopter  transmissions.  This  transmission  utilizes  carburized  and 
ground  gears,  precision  bearings,  and  close  tolerance  machined  dynamic 
parts  and  housings.  Experience  indicates  the  losses  through  gear  meshes, 
including  the  associated  bearings,  to  be  l/2  percent  per  mesh,  and  the 
total  gearbox  churning  loss  to  be  l/2  percent. 

Efficiency  Analysis  -  Intermediate  Gearbox 


Bevel  Me~h  = 

(.005)(l,500) 

7.5 

Churning  Losses  = 

(.005) (1,500) 

_LJ> 

F  (friction  HP) 

Hr 

15.0 

Estimated  Efficiency  1.500-15  x  100  -  99* 

1,500 

Total  Heat  Generated,  (Qn.) 

Qg  =  2,545  x  Fhp 

=  (2, 545 ) (15 ) 

=  38,175  BTU/'HR 

From  past  helicopter  experience,  at  least  15  percent  of  the  total  heat 
generated  in  an  intermediate  gearbox  is  conducted  through  the  gear  case 
and  radiated  to  the  surround  ng  area.  Therefore,  the  necessary  oil 
cooler  can  be  designed  to  reject  85  percent  of  the  total  gearbox  heat 
generated  at  maximum  power. 
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On  the  basis  of  the  above  intermediate  gearbox  oil  flow  requirement,  a 
2-5-gall on-per-minute  vane  pump  operating  at  3,760  revolutions  per 
minute  is  required.  This  size  and  type  of  pump  has  been  selected  for 
optimum  serviceability,  quality,  and  low  cost.  The  location  of  this 
pump  and  associated  lubrication  system  components  is  outlined  on  lube 
schematic  Figure  . 
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Pressure  Warning  Light 


TABLE  14 

WEIGHT  SUMMARY, 

INTERMEDIATE  GEARBOX 

Item 

Unit 

Weicht 

(lb.) 

Assembly 

Weight 

(lb.) 

Total 

Weight 

(lb.) 

.nput  Section 

49.1 

Housing 

9.5 

Input  Pinion 

21.8 

Bearings 

7.8 

Miscellaneous 

10.0 

Center  Housing  &  Stud  Assembly 

i 

13.6 

Output  Section 

69.8 

Housing 

7.7 

Output  Gear 

46.0 

Bearings 

5.6 

Miscellaneous 

10.5 

Oil  Pump  &  Quill  Shaft 


4.5 


Tall  Rotor  Gearbox 


To  transfer  power  from  the  pylon  driv-e  shaft  operating  at  3*760  RPM  to 
the  tail  rotor  at  607  RPM  involves  a  90°  shaft  angle  change  and  a  total 
speed  reduction  of  6,18:1. 

Since  the  required  speed  reduction  cannot  be  achieved  in  the  single 
spiral  bevel  gear  mesh,  an  additional  reduction  must  be  employed.  To 
minimize  gear  sizes  and  weight,  the  design  study  indicated  that  the 
maximum  reduction  should  be  accomplished  at  the  last  possible  reduction 
stage  to  maintain  minimum  transmitted  torque  through  as  zr  ny  reduction 
stages  as  is  feasible.  To  provide  multiple  mesh  load  sharing  and 
minimize  the  number  of  reduction  stages,  a  single  stage  planetary 
adjacent  to  the  tail  rotor  was  the  lightest,  most  efficient  solution. 

A  planetary  reduction  of  3.82:1  was  achieved  using  a  sun  gear  input  and 
fixed  ring  gear  with  the  cage,  or  planet  carrier,  driving  the  tail  rotor 
shaft.  This,  in  addition  to  a  spiral  bevel  gear  ratio  of  55/34  (1.62: l), 
furnishes  the  desired  reduction.  Figure  57  of  Appendix  I  shows  the  tail 
gearbox  arrangement  described  above. 

Calculated  operating  stresses  for  the  tail  gearbox  spiral  bevel  gears 
are  presented  in  Appendix  III  for  the  design  loan  conditions.  At  these 
stress  levels  a  reliability  of  $£,999  will  be  obtained. 

Pinion  Gear 


Number  of  Teeth 

34 

55 

Diametral  Pitch 

3.676 

Face  Width 

2.632 

Pitch  Diameter 

9.249 

14.962 

Face  Contact  Ratio 

1.726 

Pressure  Angle 

c*  -20° 

Mean  Spiral  Angle 

^=25° 

Shaft  Angle 

r«9o° 

Pitch  Angle 

5  =31°43 ' 

r  =58°17 

Hand  of  Spiral 

RH 

LH 

Direction  of  Rotation 

CCW 

CW 

Bevel  Gear  Data 


ft  «  20°0‘ 

tan  ^  = 

.36397 

f  =  /5°0' 

oin  ^  = 

.42262 

cos  — 

.90631 

y  =  31°43 1 

sin  T"  = 

.52572 

cos  y  = 

.85066 

Dmean  (pinion)  =  D  -  F  sin  JT 

P 


=  9.249  -  2.632  x  0.52572 

Dmean  (pinion)  =  7.865  in. 

Dmean  (gear)  =  7,865  x  55/34 

Dmean  (gear)  =  12.723  in. 

Input  Pinion,  Figure  26 


Horsepower  875 

Input  Speed  3,760  RPM 

Mean  Diameter  7.865  in. 

Torque  =  63,025  x  875  =  14.670  in.-lhT 
3,760 

Wt  =  2  x  T  =  2  x  14.670 
Dmean  7.865 

wt  =  3,730  lb. 


Ax  -  wt  (tan  4  sin  S’  +  sin  9*  cos  jf  ) 

cos  ^ 

Wx  =  3,730  (.363  97  x  ,52572  +  .42262  x  .85066*) 

.90631 

W  =  2,267  lb. 


ru 


Figure  26  .  Bevel  Gear  Shafts,  Tail  Gearbox, 


VIs 

ws 

*b 

R 


B 


Rr 


Rr 


=  (tan^cosflf  -sin  ^  sin  y"  ) 
cos  (js 

=  3,730  (.36397  x  .85066  -  .42262  x  .52572) 

T?oS31 

=  360  lb. 

=  ^ (3.730  x  2.1)2  +  (2.267  x  3.933  +  360  X  2,1)2 

6,6  4 

=  1,875  lb. 

-  ^(3.730  x  4.5Q2  +  (2.267  x  3  .  933  -  360  x  4.54)2 

6,64 

=  2,770  lb. 


Bearing  Selection  -  Input  Pinion  ,  Figure  26 

At  "A”,  the  preload  bearing,  a  tapered  roller  bearing  L  521949/ 
L  521910  and  at  "B",  a  tapered  roller  bearing  48190/48120, 


*A 


=  1.49 


BRRa  =  4,100  lb. 


K 


B 


=  1.16 


BRRb  =  7,800  lb. 

.47  %  =  0.47  x  1.875  =  ?60  lb. 


K 


B 


1.16 


Thrust  =  2,267  lb. 

Therefore,  since  thrust  >  760 

REg  =  0.53  x  1,875  +  1.16  x  2,267 

REb  =  3,620  lb. 

RE-a  =  0 


U6 


la 

~  >:>  100, 000  he  or  8 

s 

=  3,000  x( 7, 800/3, 620  10/3  x 

(500/3,760) 

lb 

-  5,130  hours 

At  "C",  a  roller  bearing  65  x  120  x  23 
capacity  of  23,300  lb.. 

mm.  with  a  basic  dynamic 

Lc 

=  (21^100/2, 770)10/3  106 

3,760  x  60 

Lc 

=  5,410  hours. 

Output  Gear. 

Figure  26 

as  this  is  a  right  angle  bevel  mesh,  the  axial  and  separating  loads 
on  the  pinion  are  reversed  for  the  gear. 

Wx  gear 

“  ws  pinion  =  360  lb. 

Ws  gear 

=  Wx  pinion  =  2,267  lb. 

wt 

=  3,730  1b. 

rd 

~  -  j  ihllO  *  5-37)2  ±  (2.267 

x  5.37  -  360  x  6.36)2 

12.52 

% 

=  1,785  lb. 

re-p 

*  -V  (3,730  X  7.15 )2  +  (2.267 

x  7.15  +  360  x  6.36)2 

12.52 

re-f 

=  2,590  1b. 

117 


=  724  lt>. 

L„  =  3,000  x.  (4,100/1, 866 }10/3  x  500/2,325 

Lt.  =  8, >830  hours 

ij 

LF  -  3,000  x  (4, 100/724) 10/3  x  500/2,325 


»  100, 000  hours 


Tail  Rotor  Shaft  -  Bearing  Loading  and.  Selection 


The  loads  imposed  on  the  bearings  result  from  the  head  moment  -M^  - 
caused  by  the  flapping  moixon  of  the  blades,  the  thrust  developed  by 
the  tail  rotor  to  counteract  main  rotor  torque,  a  lateral  force  equal 
tc  the  product  of  thrust  multiplied  by  the  prorated  tail  rotor  flapping 
angle,  and  the  weight  of  the  components.  To  be  conservative,  all  of 
these  applied  forces  are  considered  coplanar. 

Design  Data 

RPM  =  608 

b  =6 

e  =  6.6  in. 

Fc  =  36,740  lb. 

K  =  727,400  in. -lb. /rad. 


$  prorated  =  2.4 2° 

Main  Rotor  HP  prorated  =  7,370 

Main  Rotor  RPM  =  140.6 

Distance,  Main  Rotor  to  Tail  Rotor,  d  =  714  in. 

Weight  of  Hub  and  Blades  =■  500  lb. 

Weight  of  Planetary  «  100  lb. 


Mh  "  K  Perorated  =  (727,400)(2.42)  -  30,700  in.-lb. 
- K'  t7-V  57.3 


Thrust  =  Main  Rotor  Torque  prorated 

d 

Thrust 

H  =  Thrust  x  tan  (3  prorated 
H 

prorated 


63.025  x  7,370 
140.6  x  714 

4,620  lb. 

4,620  x  .042 
194  lb. 
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Figure  27  .Tail  Rotor  Shaft  Loading  . 


17.20 


R,  =  2,794  lb. 

t) 

At  G  &  H,  tapered  roller  bearings  48393/48320, 
BRR  =  12,800 


K  =  1.82 


Since  515  K  Thrust, 

Rq  =0  (bearing  "G"  acts  as  a  preload  bearing) 

Rh  =  .53  x  2,000  +  1.82  x  4,620 

Rjj  -  9,470  lb. 
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li 


%  *  * 


»>  100, 000  hours 


LG  - 

L,  '  3,000  X  (12, 800/9, 470 ;10-/3  X  500/608 

I-,,  =  6,750  hours 

ri 

At  J,  a  130  x  200  x  33  ball  bearing, 
basic  dynamic  capacity  =  18,400  lb, 

Lt  «  (18,400/2, 794 )3  106 

608  60 

Lj  -  7,800  hours 


Planetary  -  Gear  Face  Width  Calculations 


Determination  of  the  required  face  width  is  based  on  bending  (Lewis) 
and  compressive  (Hertz)  stresses  given  respectively  by  the  following 
equations. 


"b 


f 


2 

c 


1.5  Wt  K 
(F.W, )  X 

21  x  10c  ^'t  (l/Dpinlon  ±  l/Dgear) 
“  bin  20  (F.W.) 


Note:  +  for  external  mesh 

-  for  internal  mesh 


Planetary  Data: 


No.  Teeth  -N  Pitch  Diameter  -D 


Sun  Gear 

34 

Planet  Pinion 

31 

Ring  Cear 

96 

5.6667 

5.1667 

16.0000 
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Number  of  Planet  Pinions  Npp  =  5 

Pressure  Angle  =  22°30* 
Sun  RPM  =  2,325 
Gear  Design  HP  =  2,300 


PLV  =  2,550  fpm 

F  b  =  31,500  -  0.625  x  PLV 

=  31,500  -  0.625  x  2,550 
F  b  =  29,900  psi 

F  c  =  140,000  psi 


Torque 


63,025  (2,300)/2,325  =  62,360  in. -lb. 


Wt  =  2  x  Torque/Dg  ■=  2 ( 62,3 60 )/5 . 6667  -  22,000  lb. 


Wp/Mesh  =  22,000/5  =  4,400  lb. 
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Face  'width.  Sun  Gear 

X  (Function  of  p'tch  and  number  of  teeth)  =  .1661 

K  (Function  of  root  radius)  =  1.00 

F.W.u  =  1.5  Wt  X 
b  A 

=  i£  LkJMjil 

(29,900)(.l66l) 

F.W.b  =  1.33  in. 

F.W.C  =  21  x  106  Wt  (1/Dp  +  1/DS) 

Sin  2^  Fc^ 

=  21  x,  106.  X-.4.iAQQ  (1/5.6667  +  1/5.166?) 
.707(196  x  108) 

F.W.  -  2.47  in. 
c 


Face  Width,  Planet  Pinion 

X  =  .1616 

K  =  1.0 

F.W.b  =  1.5(4,40C)(1) 
29,900(.l6lST 

F.W.,  =  1.37  in. 

D 
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Face  Width «  Ring  Gear 


X  =  .30 

K  =  1.05 

F.W.b  =  1.5  (4.400)(1.05) 

(T9, 900)  (.30) 

F.W.  =  0.773  in. 

b 

F.W  =  21  x  106  x  4.400  1  -  1 

.707  x  196  x  10S  ^  5.1667  16  ' 

F.W.c  =  0.875  in. 


The  calculated  planetary  gear  face  widths  are  summarized  in  Table  15 
below.  Also  presented  are  the  actual  gear  face  widths  chosen  for 
sufficient  overlap  to  assure  that  operating  stresses  are  consistent 
with  calculated  values. 


TABLE  15 

PLANETARY  GE*R  SUMMARY, 
TAIL  ROTOR  GEARBOX 


Component 

Required 
Face  Width 
Bending 
(in.) 

Required 

Face  Width 
Compression 
(in. ) 

Face  Width 
Selected 
(in.) 

Actual 
Bending 
St ress 
(psi) 

Actual 

Compressive 

Stress 

(psi) 

Sun  Gear 

1.33 

2.47 

2.60 

15,300 

139,000 

Tlanet 

Pinion 

1.37 

2.47 

2.50 

16,400 

139,000 

Ring  Gear 

.78 

,88 

1.25 

18,650 

110,000 
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Figure  28.  Stress  and  Deflection  Versus 
Planetary  Plate  Thickness, 
Tail  Gearbox* 
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Plate  Slope  x  10  ^  (i 


>  „  16(62, 350)(0.$  x  6.368  -  .4  x  3.4)3  [lii 

5.667(5)(15.63  -  6.1)(30  x  10^')(6.363)2  [_  t3 

^  =  18.44  x  10“6  x  g.  +  t 

V 


Substitution  of  the  allowable  plate  stress  and  maximum  plate  deflection 
limitations  in  the  above  equations  results  in  a  carrier  plate  thickness 
of  0.400  inch  (Reference  page  19). 

The  relation  of  the  carrier  plate  stress  and  deflection  for  various 
plate  thicknesses  is  shown  graphically  in  Figure  28  ,  page  126  .  To 
compensate  for  the  deflection  in  the  carrier  plates,  a  corrective  left 
hand  helix  angle  of  0.0005  to  0.0008  inch  per  inch  should  be  cut  on  the 
sun  and  ring  gears. 

Planetary  Pinion  Bearing  Selection 

Determination  of  the  planet  pinion  bearing  lives  is  similar  to  the  pro¬ 
cedure  developed  on  page  40  for  the  main  gearbox.  By  limiting  the 
maximum  deflection  of  the  outer  and  inner  races  to  0.025  inch  and  0.005 
inch,  respectively,  experience  indicates  that  agreement  between  cal¬ 
culated  and  actual  bearing  lives  will  be  obtained. 


Planetary  Data 
^prorated 

Pd 

Ds 

DP 

RPMsun 


875 

5 

6 

5.6667  in, 
5.1667  in, 
16,000  in. 
2,325 
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1,880 


63,025  x  875/2,325  =  23,720  in. -lb. 


Wt  =  2  x  23.720 

5"  x  5.6667 


Wt  =  1,675  lr  . 

wg  =  Wt  tan  <j>  where  <£  —  22°30' 

Ws  =  695  lb. 


Outer  Race  Deflection 

The  planet  pinion  tooth  backup  and  inside  diameter  is  determined  by 
either  the  backup  requirement  (1.1  times  the  whole  depth  of  the  tooth) 
or  that  thickness  required  to  limit  the  outer  race  deflection  to  0.025 
inch.  First  deflection  determination  is  made  on  the  basis  of  required 
backup. 


I.D.pp  =  4.750  -  (l.l)(2)  2.25/6 

I.D.pp  =  3.925  in. 

The  deflection  of  the  outer  and  inner  bearing  races  will  be  analyzed 
using  the  following  equations: 

&  ~  (0.149)  'A's  (Reference  5,  page  156) 

E  I 

S  =  (7.45  x  10-9)(Ws/F.W.)(Dm/t)3 

£  =  (7.45  x  1 0”3 ) ( 695/2 . 5 ) ( 4 . 33 7/ . 412 )3 

£  -  0.00241  in. 


128 


Bearing  Selection 

Install  two  rows  of  rollers,  0.35  diameter  by  1.00  inch  long. 


Maximum  number  of  rollers  (Z) 


^I,D,pp  _  Drolier) 
Droller  +  tcage  rib 


(2*2&  -  £lL 

.35  +  .15 


=  22  rollers/row 


The  basic  load  rating  for  a  roller  bearing  is  given  by 

=  5,500  (Leffro^erg  x  No.  of  Rows)7/9  (Rollers  per  row )-^  x 

(Drollei 
(Reference  1,  page  1) 

Cb  =  5,500  (.9  x  2)7/9  (22)  *75  (.35)29/27 

Cb  =  28,600  lb. 

Radial  Equivalent  (RE)  =  1.2  (2) 

=  1.2  x  2  x  1,675 
RE  =  4,020  lb. 

L  =  (28 ,600/4, 020 )1Q/3  106 

1,880  x  60 

L  =  6,200  hours 


Inner  Race  Deflection 

O.D.  =  3.225  in. 
I.D.  =  2.62  in. 
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S  =  (7.45  X  10'9)  (695/2.7)  (2.923/.302)3 
£  =  0.00174  in. 


Stress  Analysis  of  Shafting 

Stresses  developed  at  various  shaft  sections  will  be  determined  for 
critical  loading  conditions  to  indicate  the  design  adequacy  of  the 
gearbox  shafting. 

Input  Pinion  (Figure  26,  page  115) 

Since  the  input  pinion  shaft  configuration  was  largely  determined  by 
gearing  and  manufacturing  requirements,  the  resulting  bending  stresses 
are  negligible.  The  stresses  developed  at  Section  A-A  are  the  result 
of  transmitted  horsepower  and  nut  torque. 


T 

— 

38,550  in. -lb.  (Figure  1 

p 

spline 

= 

16/32 

N 

— 

66 

D 

P 

= 

4.125  in. 

Major  Dia.  (O.D.) 

= 

4.125  +  1/16  =  L  ,,1875  in. 

I.D. 

- 

3.7  in. 

A 

= 

(  7r/4)(Dp2  -  T^.2) 

A 

= 

2.59  in.2 

J 

= 

(  IT/ ’32)  U.  125^  -  3.7M 

J 

= 

9.92  in.^ 

fs 

= 

T  OX 

2J 

f 

s 

= 

38.550  x  4.1875 

2  x  9.92 
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8,150  psi 


Maximum  Nut  Torque  =  500  ft. -lb.  =  6,000  in. -lb. 

^threads  ~  4  in. 

fa  =  P/A,  where  P  —  T/.2D  threads 

*a  =  ^nut 

.2  A  D 


M  •  S .  —  +  4  •  4  8 

Bevel  Gear  Shaft  v Figure  26,  page  115) 

As  the  loading  indicated  on  Figure  26  is  for  prorated  powers,  the 
reactions  must  be  increased  by  the  ratio  of  maximum  to  prorated 
horsepower  (2,300/875).  Section  BB  is  critical  in  fatigue. 

M  =  7.84  x  / 1,6002  +  789^  (2,300/875) 

M  =  36,800  in. -lb. 

OTD.  =  4.62 

IX  -  4.10 
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z  =3.67 

Kt  "  1-55 

fb  -  M/Z 

*  t'S  /  ^t/NA  /a  /  A 

Ib  =  J)0,eUU/J).0/' 

fb  =  10,000  psi 

Fen  =  19,500  psi 

-  Fen 
*t*b 

K.SC  =  19.500 _  -1 

1.55  x  10,0C0 

M.S.  *  +  0.258 


Tail  Rotor  Shaft 


The  design  of  the  tail  rotor  shaft  is  based  on  a  fatigue  analysis 
similar  to  that  of  the  main  rotor  shaft.  The  imposed  loads  are  similar 
to  those  used  in  the  tail  rotor  shaft  bearing  analysis  on  page  119 
except  maximum  tail  rotor  horsepower  (2,300  HP)  is  considered  and  the 
flapping  angle  is  5  degrees. 


Mu  =  K  Pe 

*  57.3 

Mh  =  ?2?4.4QPll) 

57.3 

=  63,480  in. -lb. 

Th  =  14,200  (4,620)  =  8,900  lb. 

7,370 

H  =  8,900  x  tan  (3  e,  where  =  5° 
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H  =  780  lb. 

Ftu  =  136,000  psi 

Fen  =  19,500  psi 

Section  CC  (Located  as  shown  in  Figure  29  >  page  x35) 

OX  =  4.875 
IX  =  4.00C 

Z  =  6.22 

Kt  =  X*5 

M  =  63,480  +  (780  x  7.1)  +  (500  x  7.1) 

M  =  72,600  in. -lb. 

fb  ”  ** 
fb  =  72,600/6.22 

=  11,700  psi 

M.S.  =  19.500  -1 

1.5  x  11,700 

M.S.  =  4-  0.11 

Section  DP  (Located  as  shown  in  Figure  19,  page  135  ) 


O.D. 

=  5.200 

IT. 

=  4.550 

n 

L 

=  5.71 

\ 

=  1.3 

133 


Axial  Force 


Twelve  3/8-  diameter  bo 
bearing  assembly. 

Maximum  Nut  Torque 
Pnut  torclue 

Pnut  torque 
Net  Axial  Force 


Net  Axial  Force 


-  4.97  in.2 

=  63,480  +  (1,280  x  8.95)- 

(100  x  25.05)  15.20  +  (100  x  23.05) 
17.20 


=  Bolt  torque  -  thrust 
i  clamp  the  tail  rotor  hub,  cores,  and 


=  405  in. -lb. 

-  12  T 

.2  D 


=  64,800  -  8,900 

==  55,900  lb. 

-  55,900/4.97  «  11,250  pci 


=  _ 1 _ _ _  -1 

11.250  +  1.3  x  12,000 
115,000  19,500 

=  +  0.11 
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7.85  - - 17.20 

i _ [ 

- !*» 

fc— 0 

-J 

8.95  - *■ 

1,280 

n 

,  100 

1 

1 

■ 

■ 

p 

'8,900 

i 

1 

■ 

CL 

_^D 

63,480 

10.95 


Figure  29.  Tail  Rotor  Shaft. 


Since  analysis  indicates  a  positive  margin  of  safety  at  critical  shaft 
sections,  an  unlimited  service  time  will  be  obtained  on  this  componert. 


Planetary  and  Tail  Rotor  Shaft  Design  Using  Titanium 

I ncorpo racing  titanium  for  the  planetary  carrier  plates,  spacers,  and 
tail  rotor  shaft  as  proposed  for  the  main  gearbox  on  page  54  ,  the 
following  weight  saving  could  be  realized: 


Wt.  Saving 

Planetary  6,6 

Tail  Kotor  Shaft  18. 

Total  24.6  lb. 
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Lubrication  and  Efficiency  Analysis 


The  primary  consideration  of  the  design  of  a  lubrication  system  for  this 
gearbox  and  previous  helicopter  transmissions  is  to  provide  cooling  oil 
to  remove  heat  generated  due  to  friction  losses  at  gear  meshes  and 
bearings  and  to  provide  lubricity  to  support  tooth  and  bearing  loads. 

The  preliminary  analysis  presented  in  this  report  establishes  a  system¬ 
atic  approach  to  the  design  of  an  integrated  lubrication  system  for  each 
transmission  component.  This  approach  is  based  upon  extensive  test  and 
production  experience  with  a  considerable  number  of  helicopter  trans¬ 
missions.  This  transmission  utilizes  carburized  and  ground  gears, 
precision  bearings,  and  close  tolerance  machined  dynamic  parts  and 
housings.  Experience  indicates  the  losses  through  gear  meshes, 
including  the  associated  bearings,  to  be  1/2  percent  per  mesh,  for 
planetary  gear  trains  3/4  percent,  and  the  total  gearbox  churning  loss 
to  be  3/4  percent. 


Efficiency  Analysis,  Tail  1 

Gearbox 

Bevel  Mesh  = 

(.005)(1,500) 

7.5 

Planetary  = 

(.0075) (1,500)  = 

11.25 

Churning  Losses  = 

(.005)(1,500) 

F^p  (friction  HP) 

26.25 

Estimated  Efficiency 

Total  Heat  Generated  (On): 

Gq  =  2, 545  x  Fj^p 

=  (2, 545 ) (26.25 ) 

=  66,800  BTU/HR. 

1.500  -  26.25  x  100  =  98.25* 
1,500 

From  past  helicopter  experience  for  exposed  tail  gearbox  housings,  the 
heat  rejection  is  0.250  British  Thermal  Unit  per  hour  per  square  inch 
per  degree  centigrade. 
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Therefore, 


=  (.250) (2, 02?) (30)  =  15,220  BTU/HR . 

The  necessary  oil  cooler  can  be  designed  to  reject  the  net  heat 
rejected  to  cooler  (Q0>c.)* 

"■o.c.  =  Qg  "  ''‘case 

=  66,800  -  15,220 
=  51,580  BTi'/HR . 

The  transmission  oil  cooler  and  blower  design  is  summarized  on  page  149 
of  this  report. 


Cooling  Oil  Required 

Oil  flow  requirements  are  based  upon  the  following  parameters: 

1.  Ise  MIL-L-7808  oil  in  this  transmission. 

2.  Oil  in  at  176°F. 

3.  Oil  out  of  gearbox  at  230°F. 

Therefore, 


l 

o 


=  (,66)(4T  4)  FHP  gpm 

U1337)(CpXfo)  AT 

=  ( ,6o) (42.4) (26.25 )  =  2.?6  GPM. 

( .1337)( .528) (54.4) (54) 


Oil  Pump 


On  the  basis  of  the  above  tail  gearbox  oil  flow  requirement,  a  5-10- 
gallon-per-minute  vane  pump  operating  at  2,800  revolution?  per  minute  is 
required.  This  size  and  type  of  pump  has  been  selected  for  optimum 
serviceability,  quality,  and  low  cost.  The  location  of  this  pump  and 
associated  lubrication  system  components  are  outlined  on  the  lube 
schematic  of  figure  31  ,  page  139  . 
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Planetary 


TABLE  16 
WEIGHT  SUMMARY 
TAIL  ROTOR  GEARBOX 


Item 

Unit 

Weight 

(lb.) 

Assembly 

Weight 

(lb.) 

Total 

Weight 

(lb.) 

Input  Section 

39.3 

Housing 

6.0 

Input  Pinion 

21.2 

Bearings 

3.0 

Miscell  aneous 

4.1 

Center  Housing  &  Gear  Assembly 

e3 

housing 

25.3 

Output  Gear 

32.0 

Gear  Shaft 

15.1 

Bearings 

5.9 

Miscellaneous 

4.7 

Planetary  Assembly 

97.8 

Sun  Gear 

10 

Planet  Pinions 

30 

Rirg 

18.3 

Thrust  Washers 

2.3 

Planetary  Plates 

13 

Bearings  &  Journals 

15.6 

Miscellaneous 

8.6 

Output  Shaft  &  Housing  Assembly 

103.8 

Housing 

21.8 

Output  Shaft 

50.5 

Bearings 

23.3 

Miscellaneous 

rt  o 

o.c 

Oil  Fump  &  Quill  Shaft 

9.1 

333. 
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ROTOR  BRAKE 


Introduction 


The  heavy-lift  helicopter  ~otor  brake  system  has  been  designed,  con¬ 
sistent  with  previous  Crane-type  helicopter  braking  requir jments,  to 
stop  the  rotor  within  a  reasonable  time  with  all  engines  shut  down.  In 
addition,  sufficient  torque  capacity  has  been  provided  to  hold  all 
engines  within  the  ground  idle  regime. 


Brake  Requirements 


The  brake  design  requirements  to  meet  the  above  conditions  are  assumed 
as  follows; 


Delay  Time 
Braking  Time 
Total  Stopping  Time 
Full  Rotor  Speed 
Speed  of  Rotor  Brake  Disc 
Output  Tor  ue  of  Each  Engine 
Idle  Throttle  Setting 
Engine  Output  Speed 


= 

25  seconds 

15  seconds 

— 

40  seconds 

= 

141  RPM 

Ground 

= 

4,035  RPM 

s 

350  ft. -lb. 

= 

13,600  RPM 

Design  Loads 

Rotor  System  Inertia; 

Number  of  Blades; 

Diameter  -  Main  Rotor  Head; 

Blade  Section  (Chord); 

Mass  Density  of  Air: 

Rotor  Angular  Velocity: 
Section  Profile  -  Drag  Coef.: 


J  *=  138,000  ft. -lb.  sec.^ 

b  =6 
°MRH  =  95  ft. 

C  -  2.95  ft. 

a  =  .00237  slugs/ft.3 

UJ  »  7T  x  RPM/30 

Cd0  -  .01 


Design  Analysis 

To  achieve  a  rotor  braking  system  compatible  with  the  available  space 
envelope,  it  is  necessary  to  proportion  the  total  stopping  time  betw^er 
a  delay  (or  coast  down)  and  a  braking  interval.  This  decision  of  stop¬ 
ping  time  is  determined  by  the  following  analysis. 


Rotor  Decay 

The  profile  drag  torque  may  tra  represented  by: 

Q  =  1.1  b^pcu2  C*CdQ  (ft. -lb.) 

64 


Substituting, 

Q  =  3.275  (RPM)2. 


The  natural  decay  of  the  rotor  may  be  represented  by: 

/RPM  ✓•RPM 

d(RPM)  =  -  27TJ  /  - - d 

Q  60  J  3.275{RPM)* 

141  141 

where  At  is  time. 

Substituting  and  simplifying  gives 

RPM  =  _ 103  _ 

7.63  +  .22?  (  At) 


This  expression  represents  the  natural  rotor  decay  and  is  plotted 
on  Figure  32  . 

Brake  Torque 

The  decelerating  torque  acting  on  the  main  rotor  may  be 
represented  by 

T  =  -3.275  (RPM)2  -Tg 
wh^re  Tp  is  the  brake  torque. 


For  a  25-second  delay  the  rotor  speed,  from  the  natural  rotor 
decay  curve,  is  75  RPM.  Therefore: 


At 


d(RPM) 

3.275(RPM)2  +  Tb 
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Rotor  Speed  (RPM) 


Figure  32,  Main  Rotor  Decay  Curve. 
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This  is  plotted  on  Figure  34  . 

Therefore,  in  order  to  stop  the  rotor  system  in  40  seconds,  the 
rotor  brake  must  be  capable  of  developing  a  brake  torque  of 
2,190  foot  pounds  and  absorbing  and  dissipating  3.7  x  10^  foot 
pounds  of  kinetic  energy,  as  shown,  in  the  curves  of  Figure  34  • 


r,ng  i  ne 


i oroue 


For  an  enrir.e  of  this  horsepower,  the  locked  free  turbine  shaft 
to roue  with  gas  generator  at  ground  idle,  T,  =  330  ft. -lb. 
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The  torque  required  to  hold  four  engines  is: 


Te 


4(350) 


13.600 

4,035 


Te  =  4,800  ft. -lb.  at  the  rotor  brake 


Rotor  Brake  Design 

The  rotor  brake  is  a  hydraulically  actuated  disc  brake  of  the  variable 
displacement  type  in  which  lining  wear  is  compensated  for  by  increased 
volume  of  operating  fluid. 


Pistons 
Piston  Area 
Effective  Radius 
Maximum  Rubbing  ^eed 
Operating  Pressure  (dynamic) 
Operating  Pressu‘*e  (static) 
Coefficient  of  Friction 
Disc  Thickness 
Disc  Inside  Diameter 
Disc  Outside  Diameter 

Disc  Weight 
Brake  Housing 


Three  2i  in.  diameter/housing 
23.75  in.2 
6.5  in. 

7,800  sfpin 
690  psi 
1,480  psi 
0.25 
.710  in. 

8  in. 

16  in. 

32  3b. 

26  lb. 


Total  Weight  58  It . 


Rotor  Brake  System 

A  schematic  of  the  rotor  brake  actuating  system  is  shown  in  Figure  33 
page  146.  The  weight  of  this  system  is  60  pounds. 


Disc  r —  Peser/oir  and  Accumulator 


i 


Figure  33  .  Rotor  Brake  System, 


Kinetic  Energy  (ft. -lb.  a  10“^)  (K.E.) 


OIL  COOLER  AND  BLOWER  SUMMARY 


The  main  gearbox  and  associated  tail,  intermediate,  and  engine 
reduction  gearboxes  will  pump  hot  oil  to  oil/air  heat  exchangers 
similarly  constructed  of  aluminum  plate  and  fin  design.  Oil  temperature 
and  pressure  relief  controls  are  integrated  into  the  outlet  port.  A 
vane  axial  blower  is  used  to  provide  the  source  of  cooling  air.  Cooler 
capacities  are  summarized  in  Table  17  below. 


TABLE  17 

OIL  COOLER  CAPACITIES  AND  V/EIGHTS 


Engine 

Reduction  Main  Intermediate  Tail 

Item  Gearbox  Gearbox  Gearbox  Gearbox 


Cooler  Heat 
Rejection 


Rate, BTU/HR. 

86,500 

1,015,000 

32,450 

51,600 

Cooler  Weight, 

lb. 

8.1 

76.5 

4.7 

4.7 

Blower  Weight, 

lb. 

11.9 

43.5 

25.3 

36.3 

Total  'Weight,  lb. 

20.0 

120.0 

30.0 

41.0 
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TABLE  16 
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Tail  Drive  Shafting  —  —  1  210  197 
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shaft  would  result  in  an  additional  v/eight  sa /in g  as  follows: 

Main  Geaioox  480.0  lb. 

Vail  t ■  e a r b ox  24 .6  lb. 


ALTERNATE  TRANSMISSION  SYSTEM  DESIGNS, 
MAIN  ROTOR  DRIVE  TRAIN 


The  maximum  main  rotor  power  requirement  of  14,200  horsepower  (Table  2 
page  10)  for  the  single  rotor  heavy-lift  helicopter  of  Reference  3 
warranted  examination  of  alternate  transmission  system  concepts  to 
reduce  gearbox  component  weight  and  improve  overall  t:  ansmission  system 
efficiency,  if  at  all  possible.  The  calculated  efficiency  of  the  basic 
(or  conventional)  engine  to  main  rotor  drive  train  against  which  the 
proposed  alternate  designs  were  evaluated  was  calculated  at  nearly 
96.6  percent,  as  summarized  in  Table  19  ,  page  159. 

Among  the  concepts  that  have  been  compared  with  che  "basic"  main  gear¬ 
box  design  of  pages  23  to  71  were  systems  incorporating  the  harmonic 
drive,  the  roller  gear  drive,  and  redundant  power  paths  in  the  main 
power  train.  The  design  analysis  of  these  alternate  gearing  concepts 
has  been  presented  in  the  following  pages. 


HARMONIC  DRI/E 


The  harmonic  drive  concept  was  considered  for  application  in  the 
primary  or  main  rotor  drive  in  the  heavy-lift  helicopter  transmission, 
as  shown  in  the  schematic  of  Figure  35  on  the  following  page. 
Reference  9  was  used  as  the  basis  of  this  harmonAc  drive  design. 


Figure  35  ,  Transmission  System  Schematic  With  Harmonic  Drive 


Circular 

Spline 


Flexspline 


Bearing 


Wave 

Generator 


Figure  36.  Harmonic  Drive  Elements. 
Harmonic  Drive  Design  Analysis 


?  .  =  HP  x  63,025 

output  '  "rpm  ""2 


=  14.200  x  63,025 

140.62 

-  6.36  x  10^  in. -lb. 


Based  on  the  recommendation  of  Reference  9,  page  35,  a  diametral  pitch 
of  64  was  used  for  the  design  comparison. 


P  =64 

d 

Extrapolating  Figure  3,  page  11,  of  Reference  9,  as  shown  ir. 
Figure  37,  page  155, a  circular  spline  pitch  diameter  for  a  14,200 
horsepower  unit  was  obtained. 

Dc  =  53 


Reduction  ratio 

Humber  of  teeth  in  flexspline 

Tooth  difference 


RR  =  50:1 

Nf  =  53  x  64  =  3,392 

Nd  «  Nf  -  U22  =  67.85 
RR  50 
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Number  of  teeth  i.i  circular  spline 
Flexspline  pitch  diameter 


N0  =  3,391  -  68 

=  N0  =  li22k 

*  p2 

*  d 


Face  Width  (F.W.) 
Dedendum 

Root  Dia.  (D^) 

Bed  thickness  (t>.) 

Inside  Dia.  (I.D.) 
Mean  Bed  Dia.  (D^) 


25  in. 

1.2  +  .002  = 

Pd 

51.94  ~2 ( . 0208 ) 

.166  in. 

51.898  -  2( .166) 

51  566  +  .166  = 


Flexspline  Deflection 

Dc  -  Df  =  53  -  51.94  =  1.06  in. 


Flexspline  Deflection  Stress 
ff  =  3E  (Dc  -  Df)  tb 


«  3(30  x  106)(1.06)Ll66) 

(51.73  )2 


ff  =  5,950  psi 


=  3.324 
:  51.94  in. 

0208  in, 

=  51.898  in. 

=  51.566  in 
51.732  in. 
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Flexspline  Load  Stress 


=  _ T 

Dj,  x  F.W,  x 

=  6.36  x  10^ _ 

<51* 73) (25) (.16?) 

f  =  29,60C  psi 

Flexsrllne  Tooth  Shear  Stress 
f  =  T 

(.1)0,2  (f\w.) 

I 

«  to.?'  X  10h 

(.1)(51.94)2(25) 

f  =  940  psi 

s 


Flexspline  Bell  Face  Shear  Stress 
f  =  2T 


s 


D 


b 


A 


A 

f 


Db  tb  *  (51.73) ( .166) 

(2)(6.36  xiojl 
(51.73  X  27) 


=  9,100  psi 


2?  in.2 
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Flexsgline  .or3ien  Stress 


f  »  16  T  Dj^ 

(\L  -  TTd.4) 

=  (l6)(6>36  x  I06)(51.9) 

(51.94  -  51. 5T4) 

fg  =  11,900  psi 

Since  the  stress  calculated  in  this  unit  approximate  those  presented  ir. 
Reference  9  ,  a  weight  and  efficiency  analysis  of  the  14,200  horsepower 
harmonic  drive  unit  was  made  as  follows. 


Weight  and  Efficiency 

An  estimated  weight  of  3,200  pounds  was  obtained  for  the  heavy-lift 
helicopter  harmonic  drive  unit  by  extrapolating  the  weight  versus  horse¬ 
power  curve  of  Reference  9S  Figure  5?  page  13,  to  14,200  horsepower. 

In  extending  this  curve,  a  linear  relationship  between  weight  and  power 
was  optimistically  assumed  beyond  the  6, 000-horsepower  unit.  This 
weight  did  not  reflect  the  weight  penalty  incurred  by  decreasing  the 
reduction  ratio  from  85 ’1  (unit  of  Reference  9)  to  50; 1.  as  the  re¬ 
duction  ratio  is  decreased,  the  difference  in  size  between  the  circular 
spline  and  the  flexspline  increased,  causing  the  t-araonic  drive  assembly 
to  acquire  greater  mass.  The  weight  and  horsepower  extended  curve  is 
presented  as  Figure  J8,  page  160, 

The  efficiency  of  a  harmonic  drive  unit  transmitting  14,200  horsepower 
was  calculated  using  the  following  equation  presented  on  page  80  of 
Reference  9* 

Harmonic  Drive  HP  Loss  --  (2,3  x  lO-") (output  t^-^que )^fa( input  RPM) 

=  (2.3  x  10“7)(6.36  x  io6)'/6(7,031) 

=  no  hp 

Harmonic  Drive  efficiency  =  (14,200  -  770) (lOO) 

14,200 
=  94.5# 
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TABLE  19 

COi  IP  ARISON  OF  DRIVE  TRAIL 
EFFICIENCIES 
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Overall  Engine  to  Main  Rotor  Drive  Train  Efficiency  96.57$ 


This  efficiency  was  used  in  Table  19  ,  pa ge  159  ,  to  determine  the 
power  loss  in  a  system  incorporating  the  harmonic  drive,  fable  19 
indicates  tne  losses  in  a  drive  train  using  a  two-stage  planetary 
system  versus  one  using  a  harmonic  drive  unit.  The  respective 
efficiencies  were  calculated  using  the  following  equation. 

*  efficiency  =  (input  HP  -  HP  loss) (100 ) 

(input  HP) 

Primary  drive  ^rain  with  a  Two-stage  Planetary 

=  (16,000  -  549.5 ) (100)  =  96.57,* 

16,000 


Primary  drive  Train  with  a  Harmonic  Drive 

=  (16,000  =  1,015 . 5)  (100)  -  93 . 655* 
16,000 


h  relative  weight  comparison  betv;een  the  two  systems  was  made  using  the 
ratio  of  gross  weight  to  installed  horsepower  as  the  comparative 
parameter. 


LB.  =  G.V,T, 

HP  Installed  HP 

86,000 

16,000 

LB. ,  =  5.4 

HP 

The  difference  in  horsepower  loss  from  Table  19,  page  159  is: 
HP  loss  -  1,015.5  -  549.5  =  466 
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Optimistically  assuming  (despite  contrary  evidence)  that  the  difference 
m  weight  (plus  290  pounds)  between  the  harmonic  drive  unit  and  the  two 
stage  planetary  can  be  made  up  in  the  bevel  gear  reduction  stages  m 
the  gearbox,  the  net  weight  penalty  incurred  m  the  heavy-lilt  trans¬ 
mission  using  the  haimonic  drive  unit  was  a.  function  of  its  lower 
efficiency  or 


weight  penalty 


(losses) 


) 


=  (466  HP)  (5.4) 
-  2,515  lb. 


POLL 


GOAR  DRIVE 


Several  different  arrangements  of  the  roller  gear  d*ive  have  been  con¬ 
sidered  for  incorporation  in  the  primary  gear  train  (engirm  to  mam 
rotor  drive)  of  this  heavy-lift-helicopter  transmission  system. 

although  the  roller  gear  drive  concept  is  relatively  new  and  untried  m 
actual  aircraft  application  as  of  the  date  of  this  report,  tests  con¬ 
ducted  cn  two  46  to  1  bench  test  units  at  .-X)  HP  at  28,000  input  PPM 
for  1,000  hours  show  excellent  res  alts,  an  additional  180  hours  were 
accumulated  on  the  same  hardware  a  30u  i.F .  data  obtained  during  these 
to  ts  indicated  that  the  efficier.  and  weight -to-power  ratio  of  the 
roller  gear  drive  warrant  its  cons:  lerati >n  in  this  study. 

Although  the  size  of  unit  required  for  the  1^.-  to  20-tori  helicopter 
is  beyond  tne  current  roller  gear  drive  "state  of  the  art,"  it  i  antic¬ 
ipated  that,  by  the  initiation  ol  fabrication  of  the  hea/y-lift  trans¬ 
mission,  units  of  suitable  size  can  be  prove,  feasible. 
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Discussion 


As  shown  in  Figure  39 


,  the  roller  gear  drive  evolved  from  a  pure 

friction  roller  drive.  The 
center  portion  of  the  rolling 
surfaces  have  been  replaced  with 
gear  teeth,  leaving  the  outside 
diameters  aligned  with  the  pitch 
diameters  of  the  gears.  The 
torque,  therefore,  is  carried 
primarily  through  the  gears  and 
the  radial  position  of  the  gears 
is  determined  by  the  rollers  and 
the  relation  of  gear  separating 
load  to  roller  preload. 


Figure  39.  Roller  and 
Roller  Gear  Elements. 


An  evaluation  of  the  roller  gear  drive  has  been  accomplished  using  the 
front  drive  engine  propulsion  system  of  Appendix  I,  Figure  51  •  Of 
the  three  systems  considered,  two  12.2-to-l  ratios  and  a  30-to-l  ratio, 
the  latter  was  selected  because  of  compatability  with  the  balance  of 
power  train.  Schematics  of  this  system  are  shown  in  Figures  40  and  41  . 

as  in  the  basic  front  drive  engine  transmission  system,  reduction  gear¬ 
boxes  are  mounted  directly  to  the  forward  engines.  These  units  in¬ 
corporate  a  37/6?  spiral  bevel  gear  set.  All  four  mala  gearbox  input 
shafts  turn  at  7,510  RPM  and  combine  through  separate  spiral  bevel 
pinions  to  a  common  driven  bevel  gear  at  4,219  RPM. 

Design  Analysis 

The  30-to-l  roller  gear  drive  transmission  consists  of  a  sun  roller, 
three  rows  of  planets,  and  a  stationary  ring  gear.  As  the  planets  are 
rotating  with  output  speed,  the  reduction  ratio  is  29,  which  becomes 
30  as  a  result  of  rotating  spider.  In  each  row  there  are  ten  stepped 
roller  gear  planets.  The  gear  roller  planets  elemerts  are  press  fitted 
and  electron-beam  welded.  This  novel  assembly  method  rendered  consider¬ 
able  weight  savings.  The  sizes  of  the  gears  and  other  gear  design  and 
stress  data  are  given  in  Table  20  .  Due  to  high  pitch  line  velocity 
of  input  sun  roller  dictated  by  the  given  RPM  and  minimum  sun  gear  size 
necessary  to  accommodate  rotor  shaft,  helical  gears  were  selected  through 
the  drive,  except  output  ring  gears.  The  bending  stress  calculations 
are  for  spur  gears,  assuming  that  identical  stresses  could  be  obtained 
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for  helical  gears  with  3ome  adjustment  of  tooth  form  and  the  number  of 
teeth.  Double  helical  gear  teeth  are  suitable  for  roller  gear  drive 
due  to  split  gear  design,  and  they  eliminate  the  necessity  to  provide 
other  axial  support  for  all  rotating  gear  elements.  The  helical  gears 
will  not  cause  any  drive  assembly  problem,  as  tie  drive  is  assembled 
from  inside.  The  toggle  angles  for  gear  rows  ware  selected  of  a  size 
permitting  this  type  of  assembly.  The  sun  gear  is  axially  assembled 
last,  employing  a  special  assembly  tool  -  a  cam  device  which  preloads 
and  expands  all  planets  radially  to  overcome  gear  addendum  and  support¬ 
ing  roller  dimension  interference. 

The  reaction  bending  moment  is  absorbed  by  two  spider  rings  of  special 
structure.  The  main  support  stud  between  two  rings  is  a  stationary  pin 
carrying  the  bearings.  To  minimize  the  twist  in  the  rotating  cage,  20 
support  bolts  are  employed  -  10  in  a  gap  between  the  last  row  of  gears 
and  10  through  the  second  row  of  planet  centers.  The  bending  stress  in 
the  ouppcrt  studs  at  full  load  is  less  than  25,000  psi.  The  total  de¬ 
flection  is  minimized  by  the  fact  that  the  roller  gear  cluster,  pre- 
loaded  by  ring  gear  separation  forces,  has  inherent  rigidity.  The 
roller  gear  cluster  assemblies  tend  to  stay  parallel.  The  torsional 
deflection  of  the  two  support  rings  (the  cage)  and  its  effect  to  the 
roller  gear  assembly  can  be  minimized  purposely  by  assembl  ng  the  un¬ 
loaded  cage  in  a  distorted  position  so  that  at  maximum  load  the  assembly 
will  stay  parallel. 

ii.e  support  rollers  are  5/16  inch  long  on  each  side  (total,  5/8  inch). 
The  size  was  selected  to  keep  surface  stresses  on  rollers  below  300, OCX) 
psi.  £xperi°nce  obtains!  with  roller  gear  drive  testing  has  proved  that 
good  load  sharing  properties  on  teeth  contacts  is  obtained  by  locating 
the  roller  gear  planets  carrying  studs  within  .001  inch  to  .002  inch. 

The  cage  support  rings  act  as  a  drive  assembly  fixture.  To  save  weight, 
heavy-duty  needle  bearings  were  used.  Tue  bearings  with  increased 
length  to  3  inches  will  be  good  for  a  B-10  life  of  8,100  hours  (vacuum- 
melted  material  is  used). 

In  the  existing  design,  spur  gears  can  be  used  instead  of  helical  gears, 
but  due  to  high  Hertz  stress  level,  the  Yi~X]  and  ^2~^2  6ear  sizes 
should  be  Increased  totally  about  2  inches.  With  this  axial  increase, 
the  total  drive  weight  will  be  increased  250  pounds.  In  this  case, 
shoulders  on  the  rolling  cylinder  should  be  provided  for  axial 
stab ility* 
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TABLE  20 

ROLLER  GEAR  DESIGN  SUMMARY 


Pitch 

No. 

P.A. 

Helix 

Dia. 

Face 

Bending 

Gear 

Dia. 

Teeth 

Normal 

Angle 

Pitch 

Width 

Stress 

Stress 

(in.) 

(deg. )  (deg, ) 

(in.) 

(psi) 

(psi) 

I 

16.555 

149 

25° 

22.5° 

9 

1.912 

20,100 

71,600 

II 

6.777 

61 

25° 

22.5° 

9 

1.912 

19,100 

III 

2.694 

18 

25° 

22.5° 

6.682 

1.700 

23,700 

131,900 

IV 

8.082 

54 

25° 

22.5° 

6.682 

1.700 

20,500 

7 

3.771 

19 

25° 

22.5° 

3.039 

2.375 

26,600 

136,600 

VI 

12.106 

61 

25° 

22.5° 

5.039 

2.375 

20,900 

'VII 

6.548 

23 

25° 

0° 

3.512 

5.50 

27, 500 

134,700 

nu 

48.113 

169 

25° 

0° 

3.512 

5.50 

15,800 
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Component 

Reduction 

Input  RPM 

Output  RPM 

Engine  I  eduction  Gearbox 

37/6? 

13,600 

7,  510 

Main  Gearbox 

Input  Bevel  Set  (4  Inputs) 

50/89 

7,510 

4,219 

Roller  Gear  Drive 

30,08:1 

4,219 

140 

Fail  Take  off  Bevel  Mesh 

61/89 

4,219 

6,150 

±ail  iake  olf  Spur  Mesh 

47/49 

6,150 

5,922 

Figure  40.  Roller  Gear  Drive  Transmission  System, 
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VIII 


Figure  41,  30: 1  Roller  Gear  Drive  Schematic 


eight  Analysis 


The  calculated 
schematically 

weight  of  the  30:1  roller  gear  drive 
in  Figure  41  ,  is  as  follows; 

unit ,  shown 

Items 

Description 

Weight  (lb. 

T 

Sun  Gear  and  Splines 

93 

II  &  III 

First -Row  Planets 

162 

IV  &  V 

Second -Row  Planets 

291 

VI  &  VII 

Third -Row  Planets 

1,112 

VI II 

Ring  Gear 

307 

Rote-  ing  Spider  (Cage) 

597 

TOTAL  2,560 


The  estimated  weight  of  a  main  gearbox  incorporating  the  roller  drive 


gearing  ratios  as  sho'vn  in  Figure  40  is: 

Weight  (lb 

Input  Bevel  Stages 

1,030 

Outer  Shaft  Assembly 

300 

Roller  Gear  Drive 

2,560 

Main  Rotor  Shaft 

1,270 

Main  Rotor  Shaft  Bearings  &  Support 

668 

Tail  Take  off  Assembly 

150 

Main  Housing 

495 

Oil  Sump  and  Pump 

60 

TOTAL 

6,533 
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weight  savings  over  oasic  main  gearbox: 


WT  =  6,990  -  6,533 

=  457  pounds. 


Efficiency  Analysis 


The  efficiency  of  the  roller  gear  < 

drive  was  based  on 

emp 

lirical  data 

obtained  during  tests  on  the  NA~  1 

46:1  unit: 

Rt.  Angle  Bevel  Input  Mesh 

( .005) (4,000 K 2) 

s 

40.0 

Input  Bevel  Mesh 

(.005)(4,000)(4) 

= 

80.0 

Accessory  Bevel  Mesh 

( .005 )  (300)  (1 ) 

= 

1.5 

Roller  Gear  Drive 

( . 010 ) ( 14, 200 ) ( 1 ) 

= 

142,0 

Tail  Take  off  Bevel  Mesh 

(.005)(1,500)(1) 

= 

7.5 

Tail  Take  off  Spur  Mesh 

(.005)(1,500)(1) 

s 

7.5 

Churning  Losses 

(.0075)  (16, 000) 

- 

120.0 

fhp 

398.5 

RED!  NDaNT  DRI VE  MAIN  GEaRBOX 

A  redundant  power  path  concept  has 

been  investigated 

to 

determine  a 

configuration  compatible  with  the  HLH  design  and  competitive  with  the 
other  transmission  arrangements  studied  in  this  report.  The  concept 
evolving  from  the  evaluation  is  shown  in  Figure  42.  This  design 
consists  of  two  similar  gear  trains  located  one  above  the  other,  each 
transmitting  power  to  the  main  rotor  shaft  from  two  engines  located 
outboard  of  the  gearbox. 
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The  gear  ratios  for  this  drive  are  summarized  in  Table  21 


TAELS  21 

REDUCTION  RATIOS, 
REDUNDANT  DRIVE  MAIN  TRANSMISSION 


Assembiy/ltem 

Reduction 

Input  RPM  Output  n  rl' 

Input  Assy.  (Angle  Box) 
(Engine  Reduction  Box) 

3.136 

13,600 

4,336.' 

2nd -St age  Bevel  Set 

3.136 

4,336.7 

1,383 

3rd -Stage  Spur 

2. 4^4 

1,383 

558.9 

4th-Stage  Planetary 

3.96 

558.9 

141.1 

Tail  Take  off 

Bevel  Mesh 

Spur  Mesh 

1.92 

1.47 

1,383 

4,035 

4,035 

5,922 

Efficiency  Analysis 

In  the  other  front  drive  engine  power  train  concept >  evaluated,  the 
initial  bevel  reduction  stage  of  two  engines  has  been  incorporated 
within  the  main  gearbox  as  r^ght  angle  bevel  drives.  Therefore,  to  be 
compatible  wxth  other  efficiency  analyses,  the  effect  of  two  engine 
reduction  boxes  must  be  included  m  the  overall  efficiency  analysis. 
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Reduncant  Main  Gear  Box 

Ist-Stage  Bevel  Mesh 

— 

(.005)(4,OOC)(4) 

=  80.0 

2na-Stage  Eevel  Mesh 

= 

(.005) (4, 000) (4) 

=  80.0 

Spur  Mesh 

= 

(.005) (4, 000) (4) 

-  80. ) 

Planetary 

- 

(.0075) (7, 100) (2) 

=  106/ 

Tail  Take  off  Bevel  Mesh 

= 

( .005 )(l, 500) (1) 

=  /  .5 

Spur  Mesh 

- 

(.005)(300)(1) 

=  i.5 

Accessory  Drive 

= 

( .005) (300)(l) 

=  1. ' 

Churning  Losses 

= 

(.010) (16, 000) 

*  16C  ,0 

TOTAL 

5*  1.0 

Overall  Efficiency  =  (16,000  -  $17.0)  /,r  v 

16,000 

=  96.8* 

Comparing  the  redundant  gearbox  to  ,he  basic  gearbox  as  before  t 
Effective  Wt,  Penalty  ( 5 .4)( 517.0-469. 5 ) 

-  257  lb. 
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Wt,  Each  V/t.  Total 


(lb.) 

(lb.) 

270 

1,080 

99 

396 

182.5 

730 

247 

494 

1,520 

3,040 

550 

550 

1,430 

1,430 

146 

146 

65 

65 

525 

625 

TOTAL 

8, 5;6 

I 


AIRCRAFT  OUTLIN 
(TYP) 


FWD,  FRONT*  DRIVE  ENGINE  INSTALLATION 
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ROTOR  HEAD 

8  L 
0 


front  view 
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detail  B 


FIGURE  4?  REDUNDANT  DR'VE  MAIN  GEARBOX 
HLH- 10- 22 
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INFINITE  INDEXING  SPRING  CLUTCH 


An  alternate  design  to  the  roller-type  overrunning  clutch  is  the 
infinite  indexing  spring  type  unit,  as  shown  in  Figure  43,  page  176. 
This  unit  weighs  14  pounds  compared  to  34  pounds  for  the  roller-type 
clutch.  A  brief  description  of  the  spring  clutch  follows. 

The  input  member  is  splined  to  the  high-speed  quill  shaft  and  the  out¬ 
put  member  is  splined  to  the  bevel  gear  shaft.  A  double  lead  spring  is 
mounted  between  the  input  and  output  members  so  that  the  first  three 
spring  turns  are  in  light  interference  fit  with  the  outside  diameter  of 
the  output  member,  and  tne  remaining  twelve  turns  are  in  interference 
fit  with  the  bore  of  the  input  member.  The  heavy  ends  of  the  dual  lead 
spring  butt  against  two  lugs  machined  on  the  input  and  disposed  180 
degrees  apart. 

As  torque  is  applieu  at  the  output  member,  the  friction  drag  on  the 
first  three  spring  turns  (5  inch  pounds)  causes  the  spring  to  expand 
until  all  turns  are  engaged  with  the  output.  Torque  is  transmitted  from 
the  input  member  lugs,  through  the  spring,  to  the  output  member. 

In  the  overrunning  mode  the  output  member  velocity  exceeds  that  of  the 
input.  The  helix  of  the  spring  is  such  that  the  relative  rotation 
causes  the  spring  to  contract  until  only  the  first  three  turns  drag  on 
the  output  bore.  The  drag  torque  level  is  5  inch  pounds. 

A  weight  analysis  showing  the  possible  weight  savings  per  assembly  and 
per  aircraft  using  the  spring  clutch  concept  is  summarized  below. 


Weight  - 
Roller  Clutch 


Component 

Quill  Shaft 
Bevel  Pinion  Shaft 
Servo  Quill  Shaft 
Clutch 


5.5 

34.1 

1.4 

Total  Weight  75.0 


lb. 

Spring  Clutch 

8.5 

30.8 

1.6 
14.0 
54.9 


A  Weig.it  per  input 


20.1 


Weight  saving  per  aircraft 


80.4 
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Design  Data 


The  design  data  utilized  in  the  analysis  of  the  spring  clutch  were  as 
follows: 


Transmission  power  rating  . . .  4,  500  HP 

Clutch  torque  rating  . . . 49,000  in. -lb. 

Operating  and/or  overrun  speed . . .  5,780  RPM 

Clutch  overrun  drag  torque  .  5  in. -lb. 

Overrun  energy  loss  at  5,780  RPM  . . .  343  watts 


Based  on  this  information,  it  is  anticipated  that  u.e  spring  clutch 
concept  will  operate  successfully  for  all  missions  of  the  H1H, 
including  overrunning  operation  during  th*  1, 500-nautical-mile  ferry 
mission. 
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TABLE  23 

WEIGHT  AND  EFFICIENCY  COMPARISON, 
ENGINE  TO  MAIN  RO^DR  DRIVE  SYSTEMS 


Basic 
Trans . 
System 

Harmonic 

Drive 

System 

Roller 

Drive 

Svstem 

Redundant. 

Drive 

System 

Weight  (lb.) 

Engine  Red.  Gearboxes 

396 

396 

Main  Gearbox 

6,990 

6,533 

8,556 

System  Weight 

7,386 

Not 

Determined 

6,929 

8,556 

Power  Losses  (HP) 

549.5 

1,015.5 

478.5 

517 

Efficiency  (percent) 

96.6 

93.7 

97.0 

96.8 

Weight  Penalty*(lbe ) 

0 

+2,515 

-840 

+995 

Actual  and  effective  (due  to  power  losses)  compared  to 
basic  transmission  system. 


ALTERNATE  SUBCRITICAL  TAIL  ROTOR  DRIVE  SYSTEMS 


To  determine  the  weight  advantage  of  the  hypercritical  drive  system 
design  of  pages  92  through  102  ,  alternate  subcritical  tail  drive 
shaft  systems  have  been  designed.  Two  subcritical  systems  were 
designed  to  transmit  uhe  same  limit  horsepower  as  the  hypercritical 
tail  rotor  drive  system. 

The  initial  system  has  been  designed  to  operate  at  the  same  speed  as 
the  '  ypercritieal  speed  of  pages  92  through  102  (5*922  RPh).  The 
second  system  is  designed  for  subcritical  operation  at  3 >300  RPM. 
Critical  speeds  for  both  systems  are  at  least  1.25  times  the  operating 
speed.  The  critical  speed  analysis  has  been  made  assuming  that  each 
shaft  section  between  the  support  bearings  has  pinned  ends. 

TAIL  DRIVE  SHAFT  SYSTEM  (5,922  RPM  and  3,?60  RPM) 

Fuselage  -  Tail  Cone  Shafting  (5,922  RPM) 

For  this  initial  subcritical  study,  the  same  intermediate  and  tail  gear¬ 
boxes  used  for  the  5,922  RPM  hypercritical  systems  are  employed.  The 
shaft  assembly  will  incorporate  eight  bearing  supports  spaced  at  59 
inches  and  ten  flexible  disk  type  couplings. 

Stress  Analysis 

T  =  63.025  x  HP 

RPM 

T  =  63.025  x  4.000 

5,922 

T  «  42,570  in. -lb. 

Shaft  size  4.750  O.D,  x  .120  wall 


Section  Through  Center  of  Shaft 
Z  «  1.971 

f  *-■  T 

2Z 

fs  LU19 

2  x  1.971 
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’  A 


10,800  psi 


fst  “  26,000  psi(Reference  4  ) 

M.S.  =  Fgt _ -1 

1.5  x  fs 

M.S.  «  <'>,000  -1 

1.5  x  10,800 

M.S.  -  +  0.60 


Shaft  End  Conne ction 


Z  -  1.784  No.  of  ,344-<iia.  lock  bolts  =  4  per  row  (2  rows) 


f 


s 


T 

2  x  Z 


f8  -  42,570 

2  x  1.784 

f  =  11,930  psi 

Fsiv  ~  23,100  psi  (Reference  4) 


M.S.  =  -1 

1.15  x  fg 

M.S.  -  23.100  -1 

1.15  x  11,930 

M.S.  =  +  0.68 


Shaft  Critical  Speed 

Nci  =  19.2  x  106 
L2 
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1" 


8,975  RPM 


The  pylon  shaft  will  be  of  the  same  size  as  the  supercritical  shaft  of 
page  100  with  a  center  bearing  support  and  flexible  coupling.  The 
critical  speed  is  at  least  1.25  times  the  operating  speed  and  is  cal¬ 
culated  by  assuming  that  the  span  between  the  bearing  and  gearbox  is 
pinned  at  each  end.  There  is  a  flexible;  coupling  at  the  bearing  support 
and  at  each  gearbo.  ;. 


682 

Ncl  -  7,511  PPM 
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TAIL  PRIZE  SHAFT  SXSTEM  (3,300  RPM  and  2,095  RPM) 
Fuselage  -  Tall  Cone  Shafting  (3,300  RPM) 


For  this  alternate  subcritical  system,  an  intermediate  gearbox  of  1.57:1 
ratio  and  tail  rotor  gearbox  of  3.45:1  ratio  are  employed.  As  indicated 
in  Table  26,  page  188,  these  units  weigh  270  and  390  pounds,  respec¬ 
tively.  For  the  fuselage-tail  core  drive  shafting,  six  bearing  supports 
spaced  at  75  inches  and  eight  flexible  couplings  have  been  used. 


T  =  63.025  x  HP 

RPM 

T  =  63.025  x  4.000 

3,300 

T  =  77,485  in. -lb. 

Shaft  size  4.500  O.D.  x  .165  wall 
Tj).  -  4.170 


Section  Through  Center  of  Shaft 
Z  =  2.349 


fs  -  1LM1-- 

2  x  2.349 

f  =  16,500  psi 

Fs£  --  27,000  psi  (Reference  4) 

M.S.  =  Fst  -1 
1.5  x  f8 

M.S.  =  27.000  -1 

1.5  x  16,500 

M.S.  =  +  0.09 
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Shaft  End  Connection 


No.  of  ,344  dia.-lock  bolt  holes  =  6  per  row  (2  rows) 


M.S. 


M.S. 


M.S. 


2.005 


2  x  Z 

77,485 
2  x  2.005 

19,300  psi 


23,100  psi  (Reference  4) 


F3  V  -1 

1.15  x  f8 

23.100  -1 

1.15  x  19,300 


+  0.04 


Critical  Speed 


Ncl  =  12,2.x,  lg,/ 1 


N 


cl 


19.2  x  10°  x  1.534 
752 


N  ,  =  5,236  RFM 

cl 


Pylon  Drive  Shafting  (2,095  RPM) 

The  pylon  drive  shaft  operates  at  2,095  RPM  and  incorporates  at  its 
center  a  single  bearing  support  and  flexible  couplings.  Flexible 
couplings  are  also  used  at  either  end.  The  shaft  spans  are  68  inches. 
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T  =  63.025  x  HP 
RPM 

T  «  63.025  x  4.000 
2,095 

T  -  120,350  jjn.-lb. 

Shaft  size  =6.00  oTd.  x  .173  wall 

Section  Through  Center  of  Shaft 

Z  =  4.294  Ng.  of  .344-dia.  lock  bolts  *  4  per  row  (2  rows) 

*8  =  -  -  120,350 

2  x  4.294 

fs  =  14,000  psi 
F 3tu  =  25,000  psi  (Reference  4) 

M.S.  ~  Fstu  -1 

1.5  X  fg 

M.S.  =  25.000  -1 

1.5  x  14,000 

M.S.  =  +  0.19 

Shaft  End  Conntction 
Z  =  4.H5 

f  .  T 

s  — - — 

2  x  Z 

fs  -  -ISQJ^O 

2  x  4.145 

fs  =  14, 520  psi 

=  23,100  psi  (Reference  4) 
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-1 


M.S. 

~  Fst 

1.15  X  fg 

M.S. 

=  23.100 

1.15  x  14,520 

M.S. 

=  +  0.38 

Shaft  Critical  Speed 


Nc.i  =  19.2  x  io6  rr 

L2  V  A 

Ncl  =  19.2  x  IO6  x  2.O64 

682 

Ncl  =  8,642  RPM 
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TABLE  26 

COMPARATIVE  WEIGHTS,  HYPERCRITICAL  VERSUS 
SUBCRITICAL  SPEED  TAIL  ROTOR  DRIVE  SYSTEMS 


T^rpe  of 

System 

Fuselage-Tail  Cone 
Shaft:  pylon  Drive 

Basic 

TRD  Sys. 
Hypercrit. 
Supercrit. 
(RPM) 

Alt.  I  Alt.  II 

TRD  Sys.  TRD  Sys. 

Hypercrit.  Subcrit. 
Subcrit.  Subcrit. 
(RPM)  (EPM) 

Alt. Ill 
TRD  Sys. 
Subcrit. 
Subcrit. 
(RPM) 

Fuselage-Tail  Cone  Shaft 

Pylon  Drive  Shaft 

5,922 

3,760 

5,922 

1.085 

5,922 

3 , 7.60 

3,300 

2.095 

Item  Symbol 

Weight 

(lb.) 

Weight 

J&J. 

Weight 

(lb.) 

Weight 

.(lb.) 

Fuselage -Tail  Cone  W-, 

Shaft 

139 

139 

229 

241 

Pylon  Drive  Shaft  W^ 

58 

125 

60 

80 

Intermediate  Gearbox  W£ 

137 

270* 

137 

175 

Tail  Gearbox  W^ 

333 

390** 

333 

360 

Total  Weight  of  System 

667 

924 

759 

856 

*  Intermediate  gearbox  design  is  shown  in  Figure  60,  Appendix  I. 

**  Tail  gearbox  design  is  shown  in  Figure  61  ,  Appendix  I. 
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EFFECT  ON  C.G.  OF  ALTERNATE  TAIL  ROTOR  DRIVE  SYSTEMS 

To  determine  the  most  advantageous  ratio  for  each  tail  gearbox  in  the 
basic  hypercritical  system,  an  analysis  of  the  weights  of  several  gear¬ 
box  designs  and  their  effect  on  the  aircraft  center  of  gravity  range 
has  been  made.  The  data  of  the  first  two  columns  of  Table  26  were  used 
as  the  basis  for  this  analysis. 


Moments  (about  $  main  rotor) 


Moment 

Eq. 

'  L. 

"Basic" 

Tail  Drive 
System,  Hyper¬ 
critical  Tail 
Cone  &  Pylon 

Alt.  I 

Tail  Drive 
System, Hyper¬ 
critical-Tail 
Cone,  Subcriti- 
cal  -Pylon 

Fuselage-Tail  Cone  Shaft 

Wx  x  313 

43,510 

43,510 

Intermediate  Gearbox 

W2  X  585 

74,300 

157,950 

Pylon  Drive  Shaft 

W3  x  650 

37,700 

81,250 

Tail  Gearbox 

W4  x  714 
TOTALS 

237,760 

393,270 

278,460 

561,170 

Weight  -  Moment  Reduction  *=  561,170  -  393.270 

12 

“  13,990  ft. -lb. 

Effect  on  C.G.  Range  «=  13,990 

86,000 

-  .163  ft.  (1.96  in.) 
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Hypercritical  Versus  Subcritical  Designs 


A  comparative  weight  moment  analysis  for  the  basic  5,922  RPM  hyper¬ 
critical  -supercritical  (pylon)  system  versus  the  3*300  RPM  subcntical 
system  (Alternate  III)  was  also  made  as  follows: 


Moments  (about  £  main  rotor) 


Moment 

Eq. 

Hypercritical 
Basic  Tail 

Drive  System 

Subcritical 
Tail  Drive 
System 
(Alt.  Ill) 

Fuselage-Tail  Cone  Shaft 

wx  X  313  in. 

43,510 

75,430 

Intermediate  Gearbox 

W2  x  585  in. 

74,300 

102,400 

Pylon  Drive  Shaft 

W3  x  650 

37, 100 

52,000 

Tail  Gearbox 

W4  x  714 

237,760 

257,000 

TOTALS 

393,270 

486,830 

Weight  -  Moment  Reduction  =  486,830  -  393.270 

12 

=  7,800  ft. -lb. 

Effect  on  C.G.  Range  =  7.800 

86,000 

=  0.091  ft.  (1.09  in.) 
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CONTROL  SYSTEMS 


Introduction 

To  evaluate  the  feasibility  of  integrating  the  main  rotor  controls 
within  the  heavy-lift  helicopter  main  transmission  design,  several 
systems  were  evaluated*  These  included  a  modified  Hafner  type  internal 
control  system  and  a  "double  eccentric"  internal  control  system.  These 
were  compared  to  a  conventional  swash  plate  system  external  to  the  main 
transmission. 

Loads 


The  control  system  motions  are  delivered  to  the  main  rotor  blades  by 
means  of  "push  rods."  These  are  attached  to  radius  arms  about  the 
pitching  axis  of  each  blade.  In  the  rotor  control  systems  studied, 
there  are  six  blades  and  therefore  six  push  rods.  The  loads  for  each 
control  system  are  given  in  terms  of  push  rod  loads  and  are  equal  to: 

500  lb.  +  3,000  lb. 

For  the  conventional  external  control  system  only,  there  are  applicable 
servo  loads  in  addition  to  the  push  rod  loads.  These  servo  mechanisms 
are  used  to  tilt  the  conventional  swash  plates.  There  are  three  servos 
and  the  servo  load  is  equal  to: 

3,000  lb.  +  5,000  lb. 


MODIFIED  HAFNER  SYSTEM 


Description 

The  modified  Hafner  internal  control  system  operates  in  the  following 
manner:  the  swash  plates  are  mounted  above  the  main  rotor  head  and  are 
tilted  by  a  pivoting  axle,  which  is  regulated  by  a  pivoting  rod  thru  the 
main  rotor  shaft.  Tilting  of  the  swash  plates  provides  cyclic  control, 
and  raising  or  lowering  of  the  swash  plates  provides  collective  control. 
The  actuating  servo  mechanisms  are  installed  below  the  main  transmission 
housing,  inside  the  aircraft,  A  schematic  of  this  control  system  is 
shown  in  Figure  45.  on  page  192,  and  a  complete  drawing  appears  in 
Appendix  I,  Figure  63. 
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Figure  45 .  Modified  Hafner  Internal  Control  System. 
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Design  Analysis 


Referring  to  Figure  45  on  page  192 ,  stress  calculations  were  made  on 
critical  sections  and  the  supporting  tube,  shown  in  Detail  D,  as  follows: 


Section  A -A 


fb  =  Me 

I  -  17.24  in.4 

c  =  2.89  in. 

Steady  Stresses 

M  =500  lb.  x  21  in. 

=  300  (21)  2.89  **  1,760  psi 

17.24 
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Vibratory  Stresses 


M  "  3,000  lb.  x  21  in. 

fv  -  ZjOOO  (21)  2,82  =  10,570  psi 

X  7 


on ST  188 ' the  —  ** 

.9999  reliability.  lij18  requrr<,d  tor  infinite  life  am 


Section  B-R 


Section  B-B  of  Figure  45, 


z  =3.28  in .3 

M  -  360,000  in. -lb. 

fb  *  160,000  «  110,000  psi 
3.28 

Ftu  *  125,000  psi  (for  steel) 

^•2.  -  Ftu  -1  **  Ftu  -  ^b 
fb  ^b 
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Section  C~C 


Section  C--C  of  Figure  45 


z  =  5.18  in.3 

M  “4°  (360,000)  =  600,000  in. -lb. 

24 

-  600,000  *=  116,000  psi 

5.18 


Ftu  =  125,000  psi  (for  steel) 


Detail  D  of  Figure  43 


Reference  5 , 
P.  136, 

Case  No.  9. 


32,000  lb. 


10  x  106  psi 
118  in.4 
80  in. 


FJ  (tan  U  -  1-cos  U/2  ) 

2  2  Sin  U/2  cos  U/2 

21,000  lb.  max. 


237  in. 


80  =  .338  rad. 

237 


(tan  .169  - 


cos  .16S 


Sin  .169  cos  .169 


) 


196 


.169  rad.  =  9.68°  =  9°  41' 

M  =  16,000  (237)  ( .17057  -  1  -  .98584  ) 

.16814  x  .98584 

M  =  16,000  (237)  (.17057  -  .01416) 

.16576 

M  =  16,000  (237)  (.17057  -  .08542) 

M  =  16,000  (237)  (.08515) 

M  =  323,000  in. -lb. 


c  =  5.88 

fb  =  323.000  (5.88)  =  16,100  psi  max. 


The  maximum  bending  stress  as  calculated  above  js  sufficiently  below 
the  endurance  limit  for  aluminum  to  assure  infinite  life. 


Weight 

The  modified  Hafner  system  as  described  above  weighs  556  pounds.  A 
weight  breakdown  and  comp*,  -ison  appears  on  page  213 . 


DOUBLE  ECCENTRIC  oYSTEM 

The  double  eccentric  control  system  operates  as  follows:  The  swash 
plates  are  mounted  above  the  main  rotor  head  and  cyclic  control  is 
obtained  by  shifting  the  cyclic  swash  plate  off  center  with  respect  to 
the  collective  swash  plate.  This  shifting  is  accomplished  by  the 
differential  angular  rotation  of  two  eccentric  torque  tubes  which 
extend  through  the  main  rotor  shaft.  Collective  control  is  gained  by 
the  raising  or  lowering  of  the  swash  plates  together.  The  actuating 
servo  mechanisms  are  mounted  below  the  main  transmission  housing,  inside 
the  aircraft.  A  schematic  of  this  control  system  is  shown  in  Figure  47 
page  199,  and  a  complete  drawing  appears  in  Appendix  I,  Figure  64. 
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Goodman  Diagram 


(500  +  3,000)  lb. 
(Typ.  -  6  Places) 


(500  +  3,000)  lb. 


Figure  47.  Double  Eccentric  Internal  Cont’-ol  System, 


199 


Design  Analyw-U 


Referring  to  Figure  4y  ,  page 
critical  sections  as  follows: 


199  t  strata  calculations  were  nade  on 


Section  E-E 


Section  E-E  of  Figure  47 


M  c 
I 


r 

*  C 


P 

A 


c  -  2.59  in. 

1  =  9.94  in.4 

A  =  6.0  in. ^ 

p  *  2,000  +  12,000  1b. 

M  -  [[(500  +  3,000)  1 3^  in. -lb, 

S  t  e  ady  St  re  s  se  s 


~  2 -  1,690  psi  (tension) 

9.94 
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~  -‘^^0Q  “  333  psi  (compression) 

fa  ~  1>690  -  333  «  1,357  psi  (tenaion) 
Vibratory  Stresses 

fb  =  It-OQQ  (13)  2,59  =  10,200  psi 
9.94 

fc  =  Ijji  QOC  —  2,000  psi 

6.0 

=  ±  10,200  +  2,000  =  +  12,200  psi 


Referring  to  the  modified  Goodman  diagram  on  v&ee  198  th*  ,  .  _ 
section  E-E  falls  below  the  line  ^ ■ *  °  Pfg®  *  the  P°int  for 
reliability.  required  for  infinite  life  and  0.9999 


Section  F-F 


Section  F-F  of  Figure  47. 


f  —Me 

b  — 

1  =  147.5  in.4 

c  =  4.95  in. 
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M  =  360,000  in. -lb. 

fb  =  360,000  (4.95)  =  12,000  psi 

147.5 

fc  "  I 
A 

P  =  21,000  lb.  max. 

A  =  A. 25  in.2 

*c  =  21^000  =  4>950  psi 

4.25 

fb  +  *c  **  12,000  +  4,950 

*  16,950  psi 
Fen  =  22,000  psi 


P*  ^bin^d  8tres8es 4as  calculated  for  section  F-F  above  are  well  be¬ 
low  the  endurance  limit  for  aluminum,  and  thus  infinite  life  is  assured. 


Section  G-G 


Section  G*G  of  Figure  47. 
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Ftu  -  180,000  psi 

Fen  =  53,000  psi 

fb  =  Me 
I 

I  =  9.80  in.^ 

c  =  2.00  in. 

M  =  48,000  (3.5)  in. -lb. 

fh  =  48.000  (3.5)  2.0  =  34,000  psi 

9.8 


The  vibratory  stresses  as  calculated  above  are  sufficiently  below  the 
endurance  limit  for  steel  to  assure  infinite  life. 


Section  H-H 


f 


a 


P 

A 


P  «  2,000  +  12,0001b. 
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A 


=  1.38  in.2 


D 

1  max 


14,000  lb. 


f  *  14.000  -  10,200  psi  max. 

a  1.38 

Fgn  =  22,000  psi 


The  maximum  vibratory  stress  as  calculated  above  is  sufficiently  belo 
the  endurance  limit  for  aluminum  to  assure  infinite  life. 


Weight 

The  double  eccentric  internal  control  system  as  described  above  weighs 
424  pounds.  A  weight  breakdown  and  comparison  appears  on  page  213  . 


CONVENTIONAL  SYSTEM 


Description 

The  conventional  external  control  system  operates  as  follows:  the 
swash  plates  are  tilted  and  raised  or  lowered  by  servo  mechanisms  out¬ 
side  the  transmission  housing  to  provide  cyclic  and  collective  control, 
r^sDectively .  A  schematic  of  this  control  system  is  shown  in  Figure  48 
on  the  following  page,  and  a  drawing  appears  in  Appendix  I,  Figure  65. 
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(3,000  +  5,000)  lb. 


(3,000  +  5,000)  lb. 


Figtire  46.  Conventional  External  Control  System. 


Design  Analysis 


Referring  to  Figure  48,  page  205 
critical  sections  as  follows: 


stress  calculations  were  made  on 


Section  J- \ 


(500  +  3,000)  lb. 
(Typ.  -  6  Places) 


Section  J-J  of  Figure  48. 


°  —  l Reference  5,  Page  231.) 

I  *  3.25  in> 

c  -  1.88  in. 

R  *  26.5  in. 

Steady  stresses  in  the  torus  section  of  the  rotating  swash  plate  are 

M  "  SSt 6  *  (0.234)(500)  in. -lb ./in. 

2o,5  (  7f  ) 

M  =  117  in.-lb./in. 

fb  *  01210,88)  (26. 5) 

3.25 

fb  *  1,790  psi. 
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The  vibratory  stresses  in  the  torus  section  of  the  rotating  swash  plate 
are: 

M  =  3000( .234)  in. -lb ./in. 

M  =  702  in. -lb. /in. 


fv  =  10,753  psi 


Referring  to  the  modified  Goodman  diagram  on  page  198,  the  point  for 
section  J-J  falls  wall  below  the  line  "equired  for  infinite  life  and 
.9999  reliability. 


Section  K-K 


Assuming  that  the  connection  between  the  rotating  torus  and  the  inner 
ring  of  the  rotating  swash  plate  is  a  flat  plate,  the  following  cal~ 
culations  were  made. 


f 


JL. 
r  t 


(log  £  ) 

J 


(Reference  5* 
Page  200 
Case  20. ) 


f  allowable  =  10 9000  P3i 
R  “  21  in. 

r  =11  in. 

W  «  18,000  lb. 


Sibstituting  these  values  in  the  preceding  equation  and  solving  for 
‘  reqd. 


t 


2 

read. 


m  jie.ooo) 

(2)  (  ?r  )  (10,000) 


(log 


^reqd.  =  .662  in. 

The  moment  of  inertia  for  the  assumed  plate  iss 

1  -  (.662)-^  (for  a  5-in.  typical  section) 

12 

i  =  0.121  in> 

Actual'  0.153  ln.^ 


Section  L-L 


Section  L-L  of  Figure  48* 


fb  -  (Reference  5,  Page  231.) 

I  -  5.17  in.t 

c  =  1,88  in. 

R  “  16.25  in. 

The  steady  stresses  in  the  torus  section  of  the  stationaiy  swash  plate 
are: 


M  *  3,000  (3.25)  (6)  -  .382  (3,000)  in.-lb./in. 
16.25  (hr  ) 

M  =  1,146  in.-lb./in. 

fb  *  (1,U6)  (lt88)(l6.2$) 

5.17 

fb  -  6,775  psi 
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The  vibratory  stresses  in  the  torus  section  of  the  stationary  swash 
plate  are: 


K  -  (.382)  5,000  =  1,910  in. -lb. /in. 

fv  “  1.910  (6.775)  =  11,300  psi 

i7!I? 

Referring  to  the  modified  Goodman  diagram  on  page  198  ,  the  point 
representing  section  L-L  falls  below  the  line  required  to  assure 
infinite  life  and  ,9999  reliabilitj. 


Section  M-M 


Section  M-M  of  Figure  48. 


Assuming  that  the  connection  between  the  stationary  torus  and  the  inner 
ring  of  the  stationary  swash  plate  is  a  flat  plate,  the  following  cal¬ 
culations  were  made: 


f 


=  _ 

2  7f  t2 


^allowable  10,000  psi 


(log  R  ) 
r 


(Reference  5, 

Page  200, 
Case  20.  j 


R  =15  in. 
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r 


10  in. 


W  -  20,000  lb. 

Substituting  these  values  in  the  preceding  equation  ard  solving  for 
tread, 


t2reqd  “  (3)  (20.000) _  fl-  SdO2) 

2  (  TJ  10,000  |_  152  .  102 

treqd  *=  0.58  in* 

The  moment  of  inertia  for  the  assumed  plate  is: 


log  .12 
10 


I  -  (5)  (.5B)3 
12 

Ireqd  “  0.081  in.*»  (for  r  5-inch  typical  section), 

^actual  “  0.0V6  in.^*  '  for  a  5-inch  typical  section) 


Weight 

The  conventional  external  control  system  as  described  above  weighs  46 7 
pounds.  A  weight  breakdown  and  comparison  with  the  other  alternate 
control  systems  is  given  on  page  213. 

COMPARATIVE  DRAG  /uJALISIS 


The  exposed  frontal  area  for  each  of  the  three  control  systems  studied 
has  been  determined  by  analysis  to  be: 


Hafner  System 

Double  Eccentric  System 

Conventional  System 


2.26  ft.2 
2.22  ft.2 
3.12  ft.2 


The  drag  on  each  system  due  to  the  exposed  frontal  area  may  be 
expressed  as: 
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D  -  A  (if  V2) 

where 

A  «  ft.2 

£  «  .002378  slugs/ft .3 

V  =  95  KT  x  1.688 

V  ■=  160  ft ./sec. 


The  horsepower  lost  due  to  this  drag  is  expressed  by: 


HP 


lost 


where 

D 


DV 

550 

lb. 


V  =  160  ft ./sec 


System 

Drag 

(lb.) 

Effective 
Power  Loss 
(HP) 

Hafner  System 

68.5 

19.9 

Double  Eccentric  System 

67.4 

19.6 

Conventional  System 

94.6 

28.0 

Evaluation 

The  integration  of  the  rotor  controls  within  the  heavy-lift  helicopter 
transmission  design  is  desirable  lor  an  aerodynamic ally  "clean"  and 
efficient  system  design.  Evaluation  of  the  systems  herein  considered 
reveals  some  advantages  and  disadvantages  of  each.  The  Hafner  system 
(Figure  45  )  provides  a  simple  system  in  whirh  the  motions  of  a  pilot' 3 
stick  can  easily  be  translated  into  the  proper  control  motions  required 
as  inputs  to  this  system.  However,  the  Kafner  system  proved  to  be 
heavier  than  any  of  the  others. 

The  "double  eccentricr  system  (Figure  45)  is  lighter  than  the  Hafner 
and  equivalent  in  weight  to  the  conventional,  but  this  system  requires 
a  complex  relationship  betw3en  the  motions  of  a  pilot's  "stick"  and  the 
motions  required  to  actuate  this  system  properly. 

The  conventional  system  is  one  of  proven  reliability  and  the  weight 
compares  favorably  with  the  oth  r  systems  considered;  however, 
aerodynamic  efficiency  will  be  sacrificed  with  this  design,  since  it  is 
entirely  external  to  the  transmission  housing. 
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TABLE  27 
SUMMARY, 

WEIGHTS  COMPARISON,  CONTROL  SYSTEMS  STUDY  (POUNDS) 


Part  Name 

External 

Conventional 

System 

Internal 

Hafner 

System 

Internal 

Double  Eccentric 
System 

Rotary  Swash  Plate 

200 

92 

- 

Stationary  Swash  Plate 

100 

28 

- 

Rotary  Scissors 

7 

2 

2 

Stationary  Scissors 

20 

- 

- 

Controls  Rods 

30 

18.5 

42 

Guide  Shaft 

40 

- 

- 

Swash  Plate  Ball  &  Races 

34 

- 

- 

Bearings 

36 

15 

30 

Collective  Shaft 

- 

89 

so 

Cyclic  Rod 

- 

85 

- 

Cyclic  Axle 

- 

30 

- 

Spherical  Brg.  &  Races 

- 

161 

- 

Bearing  Retainer 

- 

18 

- 

Nuts,  Retaining 

- 

17.5 

30 

Cyclic  Shaft 

- 

- 

40 

Collective  Swash  Plate 

- 

- 

120 

Cyclic  Swash  Plate 

- 

- 

30 

Pitch  Links 

- 

- 

50 

Gimbal  Drive 

- 

- 

3 

J  ouraals 

27 

TOTALS 

5W~ 

424 

PERFORMANCE 


Introduction 


The  table  on  the  following  pages  presents  the  final  weight  breakdown 
for  the  single-rotor  heavy-lift  helicopter  for  which  this  transmission 
system  design  study  was  conducted.  As  in  Reference  3,  the  weights 
given  for  the  components  are  based  on  a  load  factor  of  at  least  2.5 
at  a  gross  weight  of  86,000  pounds  (20-ton  payload). 

It  should  be  noted  that  no  refinements  were  made  in  any  portion  of  the 
transmission  or  control  system  designs  presented  in  this  report  to 
reflect  the  effect  of  this  difference  between  the  final  gross  weights 
of  86,037  (front-drive  engines)  and  85» 863  (rear-drive  engines)  and 
the  preliminary  assumption  of  86,000  pounds. 


WEIGHT  AND  BALANCE  ANALYSIS 

The  balance  characteristics  of  the  12-to  20-ton  single  rotor  helicopter 
of  Figure  50  and  52  have  been  calculated  to  be  as  follows: 


Gross 

Center  of  Gravity  Location  (station)* 

Weight 

Front  Drive 

Rear  Drive 

(lb.) 

(Fig.  50  ) 

(Fig.  52  ) 

12-Ton  Transport 

74,097 

550.3 

549.0 

20-Ton  Heavy  Lift 

86,037 

550.0 

548.9 

1.500  n.m.  Ferry 

93,537 

550.9 

549.9 

♦Note:  The  design  C.G.  limits  for  this  aircraft  are  as  follows: 

Station 


Fwd.  C.G.  Limit 

533.6 

Aft  C.G.  Limit 

iSL. 6 

Total  C.G,  Range 

50.0 

The  balance  analysis  summarized  above  was  based  on  the  final  weight 
analysis  presented  on  the  following  pages. 


TABLE  28 
WEIGHT  SUMMARY, 
HEAVY -LI FT  HELICOPTER 


Item 

Weight 

(lb.) 

Rotor  Group  (Less  Controls) 

11,100 

Tail  Group 

975 

Transmission  System  (Front-Drive  Engine  Install.) 

8,852 

Main  Gearbox 

6,990 

Intermediate  Gearbox 

137 

Tail  Gearbox 

333 

Accessory  Gearbox  and  Shaft 

84 

Engine  Reduction  Gearbox  (2) 

396 

Input  Drive  Shaft 

118 

Tail  Drive  Shafting 

197 

Lube  Systems 

539 

Rotor  Brake 

58 

Hydraulic  Controls  (Brake) 

60 

Supports 

400 

Body  Group  (incl.  stabilizer) 

5,600 

Flight  Controls  (incl.  automatic  flight  control 

system  and  main  rotor  controls) 

2,015 

Hydraulic  and  Electrical 

1,390 

Alighting  Gear 

4,060 

Main  Landing  Gear 

2,120 

Landing  Gear  Support 

1,420 

Nose  Gear 

450 

Tail  Skid 

70 

Engine  Section  (cowling  mounting  &  fire  walls) 

560 

Power  Plant  Group  (front-drive  engine) 

4,000 

Engines  (4)  T-64/S5A 

3,060 

Induction  System 

60 

Exhaust  System 

60 

Fuel  System 

475 

Starting  System 

130 

Cooling  System 

— 

Lube  System 

140 

Engine  Controls 

75 

Electronics  (incl.  VHF,FM,  ADF,  VOR,  IFR, 

and  radar  altimeter) 

290 

Instruments 

300 

Flight 

85 

Engine 

160 

Trans.,  Hyd.,  etc. 

55 
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TABUS  28  (continued) 


Item 

Weight 

_ (lbj _ 

Furnishings 

350 

Personnel  Accomodations 

180 

Emergency  Accommodations 

90 

Air  Conditioning 

80 

Anti-icing  (Engine  Inlet ^ 

50 

Auxiliary  Power  Unit  (t  62  T  -16A) 

165 

Four-point  Winching  System  (40,000#  Capability 

at  L.F.  «=  2.5 ) 

1,500 

Weight  Eknpuy 

41,667 

HEAVY-LIFT  MISSION 

Useful  Load  for  Heavy-Lift  Mission 

44,370 

Crew  (3) 

600 

Fuel-Usable  (20-rnm  radius) 

Including  1056  Reserve 

3,700 

Oil-Usable 

20 

Unusable 

50 

Payload 

40,000 

Gross  Weight  for  Heavy -Lift  Mission 

86,037 

12-TON  TRANSPORT  MISSION 

Useful  Load  (fr-  transport  mission) 

32,430 

Crew  (3) 

600 

Fuel-For  100-n.m.  radius 

(w/lOpS  Reserve) 

7,760 

Oil -Usable 

20 

Unusable 

50 

Payload 

24.000 

Gros3  Weight  (for  transport  mission) 

74,097 

1. 500-N.M,  FERRY  MISSION 

Useful  Load  (Ferny  Mission) 

56,920 

Crew  (3) 

600 

Fuel 

53,750 

Auxiliary  Tanks 

2,500 

Oil 

70 

Payload 

0 

Gross  Weight  (for  Ferry  Mission) 

98,587 
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TABLE  29 
COMPARISON 


TRANSMISSION  SYSTEM  WEIGHTS 
FRONT  AND  REAR  DRIVE  ENGINES 


Front  Drive 
Engines 

Rear  Drive 
Engines 

No. 

Unit 

Wt. 

(Xb.) 

Total 

wt. 

_  (lb.) 

No. 

Unit 

wt. 

(lb.) 

Total 

wt. 

(lb.) 

Engines 

4 

765 

3,060 

4 

73  2 

2,928 

Engine  Reduction  Gearboxes 

2 

198 

396 

4 

90 

360 

Main  Gearbox 

1 

6,990 

6,990 

1 

6,990 

6,990 

Input  Drive  Shaft 

2 

59 

118 

4 

28 

112 

Accessory  Gearbox  and  Shaft 

1 

84 

84 

1 

84 

84 

Tail  Drive  Shafting 

1 

197 

197 

1 

197 

197 

Intermediate  Gearbox 

1 

137 

137 

1 

137 

137 

Tail  Gearbox 

1 

333 

333 

1 

333 

333 

Lube  Systems 

1 

539 

539 

1 

539 

539 

Rotor  Brake 

1 

58 

58 

1 

58 

58 

TOTAL 

11,912 

11,738 

Note!  For  the  rear-drive  engine  installation  of  Figure  53  ,  (engine 
model  548-C 2),  the  heavy-lift  aircraft  total  gross  weights  are 
approximately  174  pounds  less  for  all  three  missions. 
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MISSION  PERFORMANCE  VERIFICATION 


To  verify  that  the  helicopter  design  considered  herein  meets  the 
required  performance  levels,  the  final  aircraft  mission  weights  have 
been  utilized  to  establish  actual  performance  levels. 

The  required  horsepower  to  hover  at  6,000  feet,  95°*’,  is  given  by 

SHP  =  (0.0437)  G.W,3/2  +  .02755  (G.W.) 

D 

SHP  =  11,320 
where 

G.W.  =  74,097  lb. 

0  =95  feet. 

Fuel  requirements  for  the  1, 500-nautical-mile  ferry  mission  were 
established  as  follows: 

Four  engines  utilized  for  warm-up,  take  off,  and  climb  -  2  minutes 
Three  engines  operating  for  27  percent  of  mission 
Two  engines  operating  for  73  percent  of  mission 


Pounds 

Warm-up,  Tdce  off,  and  Climb  Fuel 

1.05  x  .482  x  (2/60)  x  16,000  =  270 

Cruise  -  3  Engines 

1.05  x  .55  (222/60)  x  6,660  =  14,100 

Cruise  -  2  Engines 

1.05  x  .494  x  (596/60)  x  6,600  =  34,000 

48,370 


Total  fuel  required  =  48, 370/. 9  =  53,750  lb. 
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METHODS  OF  MANUFACTURING 


The  fabrication  of  transmission  components  for  the  heavy-lift  helicopter 
can  be  accomplished  by  using  present  manufacturing  methods.  Equipment 
is  now  available  at  most  facilities  used  for  gear  train  subcontract 
work  for  the  helicopter  industry. 

In  the  few  cases  where  machinery  of  larger  capacity  is  required,  these 
units  a**e  available  in  the  machine  tool  market  and  can  be  procured  with¬ 
in  the  anticipated  heavy-lift  helicopter  transmission  design  cycle  so 
that  no  delays  in  lead  time  will  result. 

The  following  is  a  list  of  equipment  proposed  for  use  for  the  large 
dynamic  elements  of  the  gearboxes.  In  only  two  cases  will  subcon¬ 
tractors  have  to  procure  larger  equipment. 


Item 


Size 


Availa- 

Equipment  bility 


Spiral  Eevel  Gears 

Up  to  32"  diameter 

,727  Oleason  Grinder 

In  use 

Greater  than  36" 
diameter 

#137  Gleason 

Grinder 

1  year 

Internal  Ring  Gears 

Up  to  40”  diameter 

Detroit  Grinder 

In  use 

Up  to  58"  diameter 

Maag  Cutter 

Maag  Grinder 

1  year 

Main  Rotor  Shaft 

.1.6"  diameter  x 

80"  length 

Turning  Operation- 
Lodge  &  Shipley 
Tracer  Lathe 

In  use 

Boring  Operation- 
Lodge  &  Shipley 
Tracer  Lathe  & 

Barnes  Gun  Drill 

As  indicated  in  the  materials  section,  page  26  through  19,  it  is 
proposed  that  all  housings  be  fabricated  from  cast  or  forged  magnesium 
alloys  where  at  all  feasible.  Other  than  the  main  gea.box  main  housing, 
all  castings  and  forgings  are  within  existing  foundry  performance.  As 
shown  in  Figure  49,  the  heavy-lift  helicopter  main  transmission  is 
approximately  a  50  percent  extrapolation  in  physical  size  over  the 
contractor’s  CH--54A  crane  type  main  transmission  »  It  is  anticipated 
the*  current  casting  and  heat-treating  methods  will  provide  castings  of 
quaxxty  equal  to  that  of  production  aircraft. 
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An  alternate  manufacturing  method  to  be  evaluated  during  the  design 
phase  is  the  design  and  fabrication  of  major  housings  in  subsections, 
and  the  joining  of  these  sections  by  heli-arc  or  electron  beam  we? iing 
techniques  prior  to  heat  treating.  A  second  alternative  would  employ 
bolted  connections  to  join  the  separate  subsections.  Some  weight 
penalty  must  be  anticipated  if  this  practice  is  employed. 

Other  than  those  items  listed  above  (equipment  availability  and  casting 
fabrication)  the  contractor  can  forsee  no  high-risk  items  involved  in 
the  fabrication  of  the  transmission  system  for  the  heavy-lift  heli¬ 
copter.  In  fact,  many  of  the  components  can  be  considered  to  be  off- 
the-shelf  items.  For  example,  the  contractor  is  currently  operating 
gearboxes  equal  in  size  and  power  capacity  to  the  spiral  bevel  engine 
reduction  gearboxes,  the  accessory  gearbox,  the  freewheel  units,  and 
input  bevel  sections  of  the  main  gearbox,  as  well  as  the  input  drive 
shafting. 
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Figure  49.  Comparative  Sizes,  Main  Transmissions 


v-n 
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APPENDIX  II 


ENGINE  INSTALLATION  STUDIES 


INTRODUCTION 

The  initial  consideration  in  the  design  of  a  multiple  turbine  engine 
helicopter  propulsion  system  is  the  selection  and  arrangement  of  the 
engines.  The  engines  used  were  selected  as  the  result  of  a  comparison 
of  the  characteristics  of  available  or  growth  engines  to  fulfill  tht 
primary  design  objectives  of  reliability,  simplicity,  accessibility, 
ease  of  maintenance,  and  compatibility  with  the  transmission  desigp. 

A  summary  of  the  engines  considered  with  the  pertinent  weight,  power, 
and  speed  data  for  each  engine  is  presented  in  Table  30,  page  262. 

Engine  installation  arrangements  have  been  evaluated  on  the  basis  of 
proper  air  inlet  flow  to  counteract  the  effects  of  recirculation  of 
engine  exhaust,  as  well  as  the  ingestion  of  foreign  objects,  dirt, 
water,  or  ice.  An  additional  object  of  this  phase  was  to  estimate  the 
installation  losses  and  performance  for  the  engine  arrangements  studied. 


DISCUSSION 

As  indicated  in  Table  30,  page  262,  four  different  manufacturers’ 
engines  were  considered  in  this  design  study.  Selection  of  the  optimum 
engine  type,  as  well  as  the  proper  number  of  engines,  was  based  on  an 
analysis  of  mission  requirements  and  aircraft  performance.  Among  the 
factors  considered  in  this  analysis  were  the  effects  of  engine  power, 
weight,  speed,  and  specific  fuel  consumption  on  the  gear  train  arrange¬ 
ment.  Additional  factors  influencing  engine  selection  were  reliability 
and  maintainability,  including  the  effect  of  a  front  or  rear  drive.  All 
of  the  engines  considered  were  of  the  free  turbine  type,  so  as  to 
eliminate  the  need  of  using  clutches  (but  not  necessarily  free  wheel 
units). 

Fuel  consumption  versus  the  need  to  shut  down  one  or  more  engines 
during  the  ferry  mission  and  the  consideration  of  thrust  augmentation 
for  additional  power  at  take  off  wer6  considered. 
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TABLE  30 
ENGINE  DATA 


SFC* 

Horsepower 

Desig¬ 

nation 

Wt. 

(lb.) 

(lb./feP/ 

Hr.) 

Mil 

Nora. 

6,000  ft. 

95°F 

(Mil.) 

RPM 

Output 

T64/S5A 

765 

.4  82 

4,500 

4,000 

3,050 

13,600 

JFTO-12A 

(Growth) 

1,025 

.644 

5,950 

5,100 

4,400 

9,600 

LTC4B-11A 

640 

.544 

3,400*** 

3,000 

2,640 

(Max) 

16,000 

LTCAB-11 

640 

.544 

3,400 

3,000 

2,300 

16,000 

54S-C2 

548-C2 

(3.22:1 

Gear  Red.) 

** 

#* 

** 

#* 

4,490 

4,468 

4,175 

4,155 

3,080 

3,065 

19,320 

6,000 

*Based  on  normal  power 
♦"Reference  Allison  Report  SDR  4010 
***LTC4B-11A  Maximum  Rating  (10  minutes) 

-  3,750  HP,  Sea  Level, 
Standard  Day 

Thrust  Aujmentation 

The  selection  of  a  fewer  number  of  engines  utilizing  water  injection 
(thrust  augaentation)  for  increased  pcwer  was  rejected  due  to  weight 
am  logistic  and  cost  penalties.  Additional  aircraft  tankage,  as  well 
as  distilled  water  in  the  field,  would  be  required. 


The  availability  of  engines  with  sufficient  power  presents  a  better 
solution  without  the  penalties  associated  with  water  injection. 
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Regeneration 


Regeneration  has  not  been  utilized,  since  the  incorporation  of  regenera¬ 
tive  combustion  cycles  to  obtain  improved  specific  fuel  consumption  is 
offset  by  the  additional  weight  of  the  regenerators,  the  increased 
frontal  area  (drag)  required,  and  the  loss  of  hot-day  takeoff  power. 

The  overall  effect  of  regeneration  for  this  application  would  be  a 
reduction  in  mission  performance. 

Hot-Pay  Hover  Performance 

Making  the  logical  assumption  that  the  1, 500-nautical-mile  ferry  mission 
will  be  flown  infrequently  as  compared  to  the  transport  and  heavy-lift 
missions,  then  the  out-of -ground-effect  hover  requirements  of  the  12- 
ton  transport  mission  become  a  primary  design  factor.  A  detailed 
transport  mission  analysis  (see  page  218)  indicates  that  approximately 
11,320  HP  is  required  for  the  6,000-foot  out-of-ground-effect  hover  on 
the  Army  hot-day  (+95°F)  for  a  gross  weight  of  74,000  pound3.  Using 
the  2/3  rule  for  the  deterioration  of  power  for  a  hot-day  as  compared  to 
a  standard  day,  the  hover  power  requirement  and  the  mission  range  re¬ 
quired  dictate  the  selection  of  four  engines  with  a  standard  day 
maximum  rating  of  at  least  4,500  horsepower.  The  only  two  engines 
(of  Table  30)  meeting  this  requirement  at  the  lowest  weight  and  specific 
fuel  consumption  are  the  T64/S5A  and  the  548-02. 

Engine  Installation 

While  the  two  engine  models  selected  in  the  previous  paragraph  produce 
the  most  favorable  overall  aircraft  performance,  all  four  manufacturers' 
engines  have  been  considered  in  the  study  to  evaluate  engine-transmission 
arrangements.  Nine  such  arrangements  were  studied  and  are  shown  in 
schematic  form  in  Figures  66  through  Figure  74.  Evaluations  of  all 
such  designs  were  made  to  estimate  the  installation  losses  and  engine 
performance  on  a  comparative  basis.  The  following  section  of  this 
report  summarizes  this  comparative  design  analysis. 

Performance  Evaluation 


The  engine  installation  losses  and  performance  estimates  are  based  on 
the  following  considerations: 

The  inlet  pressure  distortions  are  within  the  limits  imposed 
by  the  engine  manufacturer. 
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The  rear-drive  engine  specifications  allow  for  the  power  loss 
associated  with  a  45°  exhaust  turn. 

Power  loss  is  the  sum  of  the  effects  of  inlot  pressure  loss, 
temperature  effects,  loss  of  ram,  and  exhaust  pressure  loss. 

Estimated  povar  losses  due  to  ingestion  of  exhaust  gases  rep¬ 
resent  losses  above  those  which  may  be  expected  in  a  con¬ 
ventional  engine  installation. 

Losses  presented  in  Table  32,  page  266,  for  the  engine 
arrangements  shown  in  Figures  66  through  74»  represent  losses 
or  gains  from  static  no  loss  performance*.  A  summary  of  this 
data  is  given  in  Table  31. 

♦Note:  Static  no  loss  performance  defined  as  engine 

specification  performance  at  zero  forward  velocity. 


TABLE  31 

ENGINE  INSTALLATION 
PERFORMANCE  SUMMARY 


Losses  - 

Percent  SHP 

Figure 

Number 

Arrangement 

Hover 

OGE 

Power 

Change 

100  Kt. 

Power 

Change 

66 

Front-Drive  Engine  Installation, 

T64/S5A  Turbines 

(Basic  Transmission  System) 

-0.25 

+1.75 

67 

"Fan"  Engine  Installation 

546-£2  Rear-Dv-ive  Turbines 
(Alternate  Transmission  System) 

0 

+2,0 

» 
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TABLE  31  Cont'd 


J/ssaefc  - 

Percent  SHP 

Figure 

Number 

Arrangement 

Hover 

OGE 

Power 

Change 

100  Kt. 

Power 

Change 

68 

Four  Rear- Drive  Engines 

0 

+2.5 

69 

Three  Engine  Installation 

Rear-Drive  Turbines 

Bifurcated  Cente  Engine  Exhaust 

-0,08 

+2.4 

70 

Three  Rear-Drive  Engines 

Rear  Engine  Inlet  Facing  Aft 

-2.5 

-1.66 

n 

Five  Front-Drive  Engines 

-0.7 

40.9 

72 

Semi-radial  Configuration 

Four  Front-Drive  Turbines 

-1.25 

-0.25 

73 

Semi-radial  Configuration 

Four  Rear -Drive  Turbines 

-11.25 

-17.75 

74 

Semi-radial  Configuration 

Four  Front-Drive  Turbines 

-1.75 

-4.5 
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TABLE  32  Cont»d. 

ENGINE  INSTALLATION  PERFORMANCE  DATA 
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(Basic  Transmission  System). 
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Figure  6?*  •’Fan"  Engine  Installation, 

5 UB-C2  Rear-Drive  Turbines 
(Alternate  Transmission  System). 
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Four  Rear-Drive  Engines. 
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FIGURE  71.  FIVE  FRONT- DRIVE  ENGINES 
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.  Configuration,  Four 
Turbines . 


Figure  74.  Semi-radial  Configuration,  Four 
Front-Drive  Turbines. 
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APPENDIX  III 


SUMMARY  OF  GEAR  DATA 
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SPIRAL  3:;.: 


Gearbox  Location 

Name  Diametral 

Pitch 

Face 

No.  of 

Press. 

Spiral 

Pitch 

Sh 

(Fig.  75) 

Pitch 

Diameter 

(in.) 

Width 

(in.) 

Teeth 

Angle 

Angle 

Angle 

An 

Engine 

Reduction 

1 

Pinion 

6.149 

34 

20° 

8°41* 

5.529 

2.65 

20° 

20°49' 

29 

2 

Gear 

14.469 

80 

Main 

3 

Pinion 

6.149 

34 

23°2' 

5.529 

2.65 

20° 

0 

0 

(V 

66°58' 

9 

4 

Gear 

14.469 

80 

5 

Pinion 

9.042 

37 

13°54' 

4.092 

3.25 

20° 

200 

60°28* 

1! 

6 

Gear 

32.747 

134 

7 

Pinion  4.092 

12.952 

1.75 

53 

20° 

23  °?  6* 

2C°8' 

8' 

Inter¬ 

8 

Pinion 

10.000 

40 

29°20' 

mediate 

4.000 

2.00 

20° 

28° 

1: 

9 

Gear 

15.750 

63 

86°34’ 

Tail 

10 

Pinion 

9.249 

34 

31°43* 

Rotor 

3.676 

2.632 

20° 

25° 

11 

Gear 

14.962 

55 

58°17’ 

283 
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TABLE  33 

SPIRAL  BLVLL  GEAR  SUMMARY 


T 

317.  .. 


Ui*  *  *- 

:>n 

Name  Diametral 

Pitch 

Face 

No.  of 

Press. 

Spiral 

Pitch 

Shaft 

Hand 

D 

Sh-  •' 

75) 

Pitch 

Diameter 

Width 

Teeth 

Angle 

Angle 

Angle 

Angle 

of 

R 

Ar 

(in.) 

(in.) 

Spiral 

— 

Pinion 

6.149 

34 

8°41* 

RH 

5.529 

2.65 

20° 

w 

o 

o 

29°30» 

29 

• 

Gear 

14.469 

SO 

20°491 

LH 

Pinion 

6.149 

34 

23°2* 

RH 

5.529 

2.65 

20° 

20° 

90° 

9 

Gear 

14.469 

80 

66°5S' 

LH 

Pinion 

9-042. 

37 

13°54' 

RH 

4>  092 

3.25 

20° 

200 

74°22‘ 

74 

■ 

Gear 

32.747 

134 

60°28* 

LH 

Pinion  4.092 

12.952 

1.75 

53 

20 

23°26‘ 

20°8' 

80°36' 

RH 

8' 

Pinion 

10.000 

40 

29°20' 

RH 

4.000 

2.00 

20° 

28° 

125°54‘ 

1. 

Gear 

15.750 

63 

86°34‘ 

LH 

Pinion 

9.249 

34 

31°43‘ 

RH 

3.676 

2.632 

o 

o 

rv 

25° 

90° 

f 

Gear 

14.962 

55 

58°17' 

IH 
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Di. .  of  Face 

HP 

RPM 

Torque 

Bending 

Compressive 

Pitch  Line 

Rotation  Contact 

(in. -lb.) 

Stress 

Stress 

Velocity 

Ratio 

(psi) 

(psi) 

(f.p.m.) 

ccw 

1.841 

4,500 

13,600 

20,800 

22,700 

190,000 

21,900 

cw 

5,780 

22,700 

190,000 

ccw 

2.112 

4,500 

13,600 

20,800 

25,100 

130,500 

21,900 

cw 

5,780 

25,100 

180,500 

ccw 

1.699 

4,500 

5,780 

49,000 

23,900 

161,000 

13,700 

cw 

1,596 

23,900 

161,000 

ccw 

1.038 

2,300 

4,035 

35,900 

23,000 

131,000 

13,700 

ccw 

1.571 

2,300 

5,922 

24,500 

25,400 

132,000 

15,500 

cw 

3,760 

25,400 

132,000 

ccw 

1.726 

2,300 

3,760 

38,600 

25,900 

176,300 

9,100 

cw 

2,324 

26,900 

176,300 

1  i  t .  •jnu  ^  JMl1  nni  Hum  ii 'iiirn<i<i^inrirh>MTTiii«w*y'B-M>rMawi vm 


Location 

(Fig.  75) 

Name 

Diametral 

Pitch 

Pitch 

Dia. 

(ine) 

Face 

Width 

(in.) 

Number  of 

Teeth 

(N) 

Pressure 

Angle 

12  (First 

stage 

Sun 

6 

16.8333 

3.00 

101 

22°30' 

Planetary) 

Planet 
(6  req'd) 

6 

14.1667 

2.90 

85 

22°30' 

Ring 

6 

45.1667 

2.60 

271 

22a30' 

13  (Second 

Stage 

Sun 

6 

22.500 

5.70 

135 

22°30* 

Planetary) 

Planet 
(3  req'd) 

6 

12.1667 

5.60 

73 

22^30' 

Ring 

6 

46.8333 

5.30 

281 

22°30' 

14 

Gea:r 

6 

15.1667 

1.970 

91 

22°30‘ 

15 

Pinion 

6 

10.333 

1.970 

62 

22°30' 

16 

Sun 

6 

5.6667 

2.60 

34 

22^30' 

Planet 
(5  req'd) 

6 

5.1667 

2.50 

31 

22°30' 

Ring 

6 

16.000 

1.25 

96 

22°30' 

* 
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TABLE  34 
SPUR  GEAR  SUMMARY 


Diametral 

Pitch 

Face 

Number  of 

Pressure 

X  Factor 

X  Factor 

Hi 

Pitch 

1 

i - - - 

I>ia. 

(in.) 

Width 

(in.) 

Teeth 

(N) 

Angle 

(function 
of  N  and 

Pd) 

(function 
of  root 
radius) 

.05 

14,30 

.017 

.12 

.05 

14,20 

.00 

- 

*13 

- 

>02 

2,30C 

,03 

2,3a 

,00 

2,3a 

,00 

- 

.05 

- 

4 

MMARY 


K  Factor 
n  (function 

of  root 
radius) 

HP 

RPK 

Input 

Torque 
(in. -lb.) 

Bending 

Stress 

(pel) 

Compressive 

Stress 

(psi) 

Pitch 

Line 

Velocity 

(f.p.iu) 

1.05 

14,200 

1,596 

560,750 

27,400 

121,800 

5,130 

1.017 

1,361 

- 

28,200 

121,800 

1.12 

0 

- 

26,300 

83.000 

• 

1.05 

14,200 

433.3 

2.065xl06 

29,700 

124,600 

1,725 

1.00 

- 

541 

- 

30,400 

124,600 

1.13 

- 

0 

- 

25,900 

96,000 

- 

1.02 

,300 

4,035 

35,900 

27,900 

131,000 

10,900 

1.03 

2,300 

5,922 

- 

25,300 

131,000 

10,900 

1.00 

2,300 

2,325 

62,360 

15,300 

139,000 

2,550 

1.00 

- 

1,880 

- 

16,400 

139,000 

- 

1.05 

- 

0 

- 

18,650 

110,000 

- 

APPENDIX  IV 


COMPARATIVE  HEIJABI1JTY  ANALYSIS  OF  Hm  AND  S-61 


SUM4ARI 

The  reeults  of  a  comparative  reliabili  analysis  of  the  heavy-lift 
helicopter  transmission  system,  as  proposed  by  Sikorsky  Aircraft,  and 
an  S-61  model  called  the  Universal  Tactical  Vehicle  (U.T.V.) 
designed  for  heavy-lift  work,  indicates  that  a  4-to-l  reduction  of 
malfunctions  per  ton-mile  may  be  expected.  Also,  it  was  concluded 
that  the  HLH  has  a  probability  of  experiencing  a  transmission  system 
malfunction  of  only  approximately  one-fourth  that  of  the  S-61  for  a 
given  heavy-lift  task .  The  basic  reason  that  these  advantages  may  be 
realised  is  that  the  complexity  of  the  transmission  system  is  increased 
by  a  factor  1,25,  whereas  the  payxoad  capability  is  increased  by  a 
factor  of  5.75« 

ANALYSIS 


The  aircraft  that  the  comparison  was  based  on  have  the  following 
pertinent  specifications: 

HUi  S-61  (U.T.V.) 

Payload  (20  n.m.  radius)  20  tons  3.48  tons 

Vcruise  out  (20-ton  payload)  95  knots  105  knots 

Vcruise  back  (no  payload)  130  knots  130  knots 

The  relative  probability  of  failure  is  based  on  the  standard  20-n.m. 
heavy-lift  mission  specified  on  page  4, 

The  relative  reliability  of  the  transmission  system  is  determined  by 
comparing  the  relative  complexity  of  the  transmission  systems  of  the 
two  aircraft  combined  with  the  failure  rate  of  the  components.  Compon¬ 
ents  included  in  this  analysis  are  bearings,  seals,  and  “O'*  rings 
whose  malfunctions  are  conservatively  estimated  to  comprise  80  percent  of 
all  transmission  3y3t«n  malfunctions  requiring  unscheduled  maintenance. 
Other  failure  modes  3uch  as  chipped  gear  teeth,  broken  oil  lines,  etc., 
although  when  combined  comprise  a  significant  portion  of  all  failures, 
are  of  such  a  varied  nature  that  no  predominant  failure  modes  are 
detected  and  are  thus  very  difficult  to  assess.  The  exclusion  of 
these  varied  failure  modes  does  not  affect  the  validity  of  the  analysis 
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to  tne  extent  of  20  percent,  since  both  systems  will  experience  these 
failures,  and  most  probably  in  corresponding  proportions,  as  the 
analysis  indicates  for  the  other  30  percent  of  the  failures* 

Bearing  failure  data  are  based  on  Sikorsky  Aircraft's  experience  on  the 
S-6i  model  totalling  more  than  5-aillion  bearing  hours.  Seal  and  "0” 
ring  data  are  taken  from  published  data  generally  accepted  by  the 
industry  and  substantiated  by  Sikorsky  Aircraft  experience. 

The  results  of  the  analysis  are  as  follows t 

S-6l  Malf ,/1q3  hr.  Complexity  Factor  H1K  Half ,/lp3  hr. 


Bearings 

.343 

1.77 

.607 

Seals 

5.700 

1.21 

6.900 

■O*  ring 

Totals 

-*QZ4 

6™117 

1.30 

.096 

7.603 

To  determine  malfunctions  per  ton-mile,  we  perform  the  following 
operation: 

Half,  «  Half,  x  1  x  1 
Ton-mile  hr.  Payload  Vcruise 

For  S-61 

Maif-  -  6.117x10-3  x  1  x  1  »  .01674x10-3 
Ton-mile  3.43  105 


For  HUH 


Half.  «  7.60x10-3  xj^xj.  •  .004x10-3 
Ton-mile  20  95 

To  determine  the  percent  of  reduction  of  malfunctions  per  ton-mile, 

%  reduction  ( .017-. 004)10-3x100  “  76% 

.017x10-3 


To  determine  the  relative  probability  of  failure,  conventional  tech¬ 
niques  are  used  assuming  a  constant  failure  (malfunction)  rate  over  the 
useful  life  of  the  system.  Previous  Sikorsky  reliability  work  docu¬ 
mented  in  technical  society  papers  has  shown  the  validity  of  the 
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assumption  for  complex  mechanical  power  transmission  units.  With  this 
assumption,  the  probability  that  an  item  will  not  suffer  a  malfunction 
is  given  by 

R  «  e"  where  *=  malfunction  (failure)  rate 

t  =  time  period  over  which  the 
reliability  is  computed 
e  =  2.716 

and  the  probability  that  a  unit  will  experience  a  malfunction  is 
Q  =  1-R  =  l-e“  ^t. 

A  good  approximation  of  e“  ^  is 
1  —  ^t  when  /\t  0.1 

which  is  true  for  the  case  being  considered  here. 

With  the  above  information  we  can  write  the  following: 


?*  =  -  i-.-Va 

QB  1_RB  I_e-^  B^ 

?A  =  _> 

QB  l-(l~^  ) 

Q  A  _ 

%  “  ^B^ 

Let:  subscript  A  refer  to  the  S-61 
subscript  B  refer  to  the  HLH 

then  _  ^A^A  _  ^A _ 

Q~  1.24  ^B  tB 

B 

or  QB  =  (l.24)tB  QA  . 

lA 
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If  a  given  task  is  to  move  100  tons  20  nautical  miles  and  t^  is  the 
flight  time  necessary  for  the  S-^>1  to  do  the  job  and  t^  the  flight 
time  necessary  for  the  HLH  to  do  the  job, 


tg  *  100  tons  x  time 

20  tons  round  trip 


where  time  =  20-n.m.  x  _1  hr.  +0.25  hr.  hovering  time 

round  trip  95  Kt. 

+  20-n.m.  x  _1 _  hr. 

130  Kt. 

tB  *  5(.21  +  .25+.15)  -  3.1  hr. 

t.  =  100  tons  x  time 

3 .43  round  trip 

where  time  =  20-n.m.  x  1  hr.  +  .25  hr.  hover  + 

round  trip  105  Kt. 

20-n.m.  x  JL_  hr.  =  .19  +  .25  +  .15 

130  Kt. 

t  =  100  (.19  +  .25  +  .15)  =  16.9  hr. 

3.48 

%  -  (1*24)3.1  Qa 

16.9 

«B  ‘  0-23«A 

Or  stated  in  words:  the  probability  that  the  HLH  will  experience  a 
malfunction  (Qg)  to  the  transmission  system  is  0.23  times  the  proba¬ 
bility  that  the  S-61  will  suffer  a  malfunction  (Q^)  performing  the 
same  heavy-lift  task  of  moving  100  tons  20  nautical  miles. 
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This  result  is  based  on  the  assumption  that  the  cargo  may  be  loaded 
in  such  a  manner  as  not  to  change  the  drag  loads  upon  which  the 
cruising  speeds  were  calculated. 
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